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ABSTRACT 
 

With the rapid development of electronic technology, investigation and 

application of devices with high performance of heat removal have become competitive 

issues recently.  Different from traditional heat transfer strategy, many new promising 

ideas and technologies were introduced into thermal management, one of which is 

Oscillating Heat Pipe (OHP). The OHP is a bundle of connected tubes with liquid and 

vapor sealed in it.  Due to the period variation of vapor in the evaporator and condenser 

during heating, pulsating flow of liquid slugs and vapor plugs is actuated.  Convection 

and phase change heat transfer caused by such kind of pulsating heat flow could dissipate 

very high heat flow with relatively very small effective thermal conductivity 

In the current investigation, a theoretical analysis predicting the oscillating motion, 

heat transfer, and thin film evaporation occurring in the OHP is developed.  The new 

model predicting the oscillating motion in an OHP can predict the effects of turn number 

and gravitational force in addition to the liquid charging ratio, operating temperature, 

working fluid, and heat input. Using the oscillating motion predicted with the new model 

developed, a heat transfer model predicting the temperature difference between the 

evaporator and condenser is developed.  A comparison with the experimental data shows 

that the model can be used to predict the heat transfer performance occurring in an OHP.  

The thin film evaporation model includes the momentum effect on the thin film 

profile and evaporation.  The model considers the effects of inertial force, disjoining 

pressure, surface tension, and curvature.  Utilizing the order analysis, the model is 

 XIV



 XV

simplified and can be numerically solved for the thin film profile, interfacial temperature, 

meniscus radius, heat flux distribution, velocity distribution, and mass flow rate in the 

evaporating thin film region. The prediction shows that the inertial force can affect the 

thin film profile, interfacial temperature, meniscus radius, heat flux distribution, velocity 

distribution, and mass flow rate, in particular, near the non-evaporating region. It is found 

that while a maximum velocity, a maximum heat flux, and a maximum curvature exist for 

a given superheat, the locations for these maximum values are different.  

The minimum meniscus radius occurring in the heat pipe determines the 

maximum capillary heat transport.  The accurate prediction of minimum meniscus radii 

plays a key role in designing a highly efficient heat pipe cooling device.  In the current 

investigation, a mathematical model predicting the minimum meniscus radius occurring 

in the sintered particles is developed.  If the particle size distribution is given, the model 

can be used to predict the minimum meniscus radii in sintered particles.    Moreover, 

because the charging process directly affects the heat transfer performance occurring in a 

heat pipe, a theoretical analysis predicting the charging process is conducted.  The results 

provide a guideline for the charging process.  

 



CHAPTER 1 INTRODUCTION 

 

1.1 Overview 

As the performance of electronic devices/systems continuously increases, thermal 

management plays more and more important role in the product development.  

Two-phase passive devices, e.g. capillary-driven heat pipes, have been proven able to 

meet the requirement of high heat dissipation in such electronic components/systems 

[1, 2].  However there exist several limitations in the heat pipes.  One of the usually 

encountered is the capillary limitation, i.e. the heat pipe fails when no enough liquid is 

pumped back by the wick structure.   

Taking advantage of the natural phenomenon of the formation of liquid plugs and 

vapor bubbles, oscillating heat pipe (OHP) was proposed by Akachi et al. [3].  His 

idea was to connect in series a bundle of parallel capillary tubes into a meandering 

tube without the internal capillary structure.  Heat is transferred by the oscillating 

movement of liquid plugs and vapor bubbles plus the phase change heat transfer.  

The advantages of the oscillating heat pipe includes: the thermally excited oscillating 

movement; no external mechanical power source required for the fluid transport; 

phase-change heat transfer combining with forced convection; simple construction 

and low manufacturing cost.  Since then, extensive investigations on the heat transfer 
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mechanisms and applications of OHP have been conducted experimentally [4-8] and 

numerically [9-13].  It was found that the heat transfer performance of OHP depends 

on many factors such as inner diameter of tubes, working fluid, filling ratio, and tilt 

angle.  However, the heat transfer mechanism governing the pulsating phenomena is 

still vague and not fully understood.  Some researchers even suspected the definition 

of OHP [14].  For example, the slug flow may take a fixed direction when the heat 

flux increases to a high level, where the OHP could obtain its best performance [15, 

16].  It is not a true “pulsating” heat pipe anymore.   

According to the description of Akachi and Polasek [3], there are still two 

shortcomings for the OHP: low heat flux capability due to limited surface area for 

boiling with the smooth surfaces in the tubes; and limited capability of working fluid 

against gravity.  Hence some researchers attempted to add wicks and capillary 

transport into the OHP to improve the heat transfer performance, which is also one of 

research objectives in the current investigation.  In order to better understand the 

heat transfer mechanisms and fluid flow characteristics, an theoretical analysis on the 

oscillating motion, heat transfer, and thin film evaporation is conducted including 

dominating factors affecting the heat transfer performance in the OHP. 

1.2 Heat Transfer Mechanism of OHP 

 As mentioned by Akachi [3], the basic heat transfer mechanism in an oscillating 

heat pipe is sensitive plus phase change heat transfer with the oscillating movement of 
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the fluid.  The movement of liquid slugs and vapor bubbles is caused by the pressure 

pulsations between the evaporator and condenser.  When heat is added on the 

evaporation region, vaporization of liquid causes the expansion of vapor volume in 

this region.  Simultaneously, condensation of vapor occurring in the condenser 

region causes the contraction of vapor volume.  Such a pressure difference will drive 

the mixture of vapor bubbles and liquid slugs from the evaporator to condenser.  

With the continuous movement of vapor bubbles s and liquid plugs towards the 

condenser, vapor pressure in the condenser increases continuously until it exceeds the 

evaporator pressure, then the vapor bubbles and liquid plugs will stop moving and 

subsequently change flow direction, i.e., from the condenser to the evaporator. 

Different from the conventional heat pipe, the OHP is a kind of heat pipe with instable 

two-phase flow driven by non-equilibrium pressure, which is due to the temperature 

gradient between the evaporator and condenser coupled with inherent real-time 

perturbations.  These perturbations may be caused by the local uniform heating and 

cooling within the evaporator and condenser, uneven void fraction in the tubes due to 

unsymmetrical liquid-vapor distributions, and presence of approximately triangular or 

saw-tooth alternating component of pressure of vapor bubbles [17].  The OHP is a 

self-sustained thermally driven heat pipe. 

The OHP can be classified into two types: open oscillating heat pipe (OOHP) [18] 

and closed loop oscillating heat pipe (CLOHP) [19].  The former is simpler and 

easier to be investigated theoretically.  However, a closed loop oscillating heat pipe 
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is thermally better than the former [14].  These two types of OHPs are shown in the 

following Fig.1.1. 

 

Fig. 1.1 Two types of OHPs [4] 

1.2.1 Effect of tube diameter 

For a working OHP, liquid slugs and vapor bubbles must co-exist.  The motion 

of the vapor bubble in the liquid is governed by the interaction between buoyancy and 

forces such as liquid inertia, frictional force and surface tension acting on the bubbles.  

Previous research revealed that when the non-dimensionless Bond number is 

approximately equal to 2, the surface tension is the dominating force, and the critical 

tube diameter could be obtained by: 

      
( )

2.0crit
l v

D
g

σ
ρ ρ

=
−

       (1-1) 

Consdering the tube material, working fluid, wetting characteristics, hysteresis 

phenomena [4], it is found that the critical Bond number is about equal to 1.84 [20, 
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21]. Experimental investigations show that the OHP with a tube diameter satisfying 

Eq. (1-1) provides a better heat transfer performance [19]. 

 

1.2.2 Effect of working fluid 

The working fluid selected should have the following properties [22]: 

1) High value of (dP/dT)sat ensures that a small change in the temperature 

generates a larger pressure variation inside the generated bubble which aids in 

the bubble pumping action of the device.   

2) Low viscosity generates lower shear stress. 

3) Low latent heat should be desirable because it can help to quickly 

increase/decreases vapor bubble volume although the sensible heat is the 

dominant heat transfer mode in an OHP. 

4) High specific heat is desirable complimenting the low latent heat requirement; 

although there are no specific studies which explicitly suggest the effect of 

specific heat of liquid on the heat transfer performance.  It should be noticed 

that when a flow regime changes from slug to annular flow, the 

sensible-heat-dominated heat transfer might change to the 

latent-heat-dominated heat transfer as explained earlier. The detailed heat 

transfer mechanism, however, is not fully understood. 

5) Low surface tension in conjunction with surface wetting characteristics may 

create additional pressure drop. 
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The property effects summarized above are based on the literatures available so far [6, 

23].   

1.2.3 Effect of filling ratio 

The filling ratio is defined as the ratio of working fluid volume present in the 

channel to the total inside volume of the channels [22].  For the extreme case, when 

the filling ratio is 0, the heat pipe has no working fluid and it is like a conduction fin, 

and for the other extreme case, when the filling ratio is 1, the OHP is filled with 100% 

of liquid. Khanderkar et al. [17] stated that three distinct sub-regions between these 

two extreme cases.  For the sub-region which close to 100% filling ratio, there exist 

very few bubbles to generate oscillation.  Instead, the existence of bubbles hindered 

the circulation of liquid, which causes the thermal resistance of such mode even 

higher than that of 100% fill ratio.  For another sub-region which close to 0 filling 

ration, the amount of working fluid in the device is not enough to form slugs.  The 

device acts as a two-phase thermosyphon, but the operational characteristics is not 

stable [24].  Generally, the filling ratio range for a functional OHP is about 10% to 

90%.  This range may change with different working fluid, operating parameters and 

constructional details.  And some researchers believed that there exists optimized 

filling ratio for the best heat transfer performance of OHP.  For example, Zhang et al. 

[6], who conducted an experimental investigation using different working fluid, found 

that the optimum filling ratio is 70%  for all of the tested working fluid, and 

60%~80% acceptable range of filling ratio. 
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1.2.4 Effect of titled angle 

The operation orientation is one of the important issues to be considered in the 

design of OHP.  Previous research [4] indicated that there are two factors 

determining the range of tilted angle of devices, i.e, the gravitational force and t turn 

number [4].  As mentioned above, the surface tension plays a key role in the 

formation of vapor bubbles in an OHP.  And it is found that when the Bond number 

is equal or less than the critical value 2.0 or 1.84, the surface tension can help to form 

the vapor bubble.  However, experimental investigations [4] indicated that the shape 

of liquid slugs and vapor bubbles depends on the inclination angle, which indirectly 

shows it is not  only due to surface tension.  It is also clear that in a non-operating, 

isothermal, partially filled CLOHP, the static pressure distribution traversing across 

the tube through liquid slugs and vapor bubbles is drastically different in vertical and 

horizontal orientations [15].  Gravity still affects OHP dynamics even though the 

boundary conditions satisfy the critical Bond number criterion [25].  Researchers 

[26,27] experimentally researches [26, 27] also showed that OHP has better 

performance under micro-gravity or no gravity (horizontal mode). 

For the second factor-the turn number, researchers [4] also found that there exists 

a critical number, beyond which the OHP will not satisfactorily work in the horizontal 

orientation [4].  If the turn number is smaller than this critical number, the heat 

transfer performance reaches the highest normally at vertical bottom heating mode, 
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and then decreases continuously as the device is turned towards horizontal.  

However, when the turn number is higher than the critical value, although the 

performance improves with increasing the inclination angle from horizontal 

orientation, the performance remains nearly comparable from vertical position to 

about 60 ºC.  The critical turn number depends on the working fluid and tube size. 

1.3 Theoretical investigation on OHP 

1.3.1 Theoretical model of OHP 

After the OHP was proposed by Achachi [3] as a new type of cooling device, the 

theoretical investigation on the heat transfer and fluid flow mechanisms have been 

conducted.  For the liquid-vapor pulsating flow in a capillary tube, one of 

challenging heat transfer mechanisms is the oscillating motion coupling with 

phase-change heat transfer which has some random properties.  Due to the 

complexity of the oscillating fluid motion, it’s difficult to develop a mathematical 

model accurately predicting the heat transfer performance in an OHP, and most of 

current published models have some limitations or are only valid with some 

presuppositions.   Generally the theoretical investigations on the OHP were 

conducted in two ways: simplified or approximated model by neglecting the random 

factors; and numerical simulation with all factors included but still based on some 

ideal assumptions. 

For the first case, Miyazaki and Akachi [28] derived the wave equation for 
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pressure oscillation in an oscillating heat pipe based on self-excited oscillation.  

Wong et al. [29] presented a theoretical modeling of OHP based on a Lagrangian 

approach, in which the flow was modeled under adiabatic conditions for the whole 

OHP, and the liquid thin film between the vapor bubble and  wall where  the 

surface tension effect were neglected.  Zhang and Faghri [11] presented a simplified 

model for an oscillating heat pipe with one end open, in which they tried to involve 

the effect of surface tension and heat transfer through the liquid film between vapor 

bubble and tube wall.  The results showed that for such kind of oscillatingg heat pipe, 

heat transfer due to sensible heat plays a much more important role than latent heat.  

In other words, contribution of phase change to the oscillating heat pipe is to supply 

driving force to the pulsating motion.  However this model might be not as 

over-simplified as the previous investigations.  But it was based on a system with 

one straight pipe and only one vapor plug and liquid slug respectively.  It is also 

noticed that in this model, the evaporator and condenser were distributed in series at 

the same end, and moreover the length of adiabatic section was set to zero, which is 

not very common in a typical oscillating heat pipe.   

In another paper presented by Zhang et al [12], a dimensionless equation of liquid 

slug location for a system of two vapor plug and one liquid slug in a U-shaped tube 

with two ends sealed, can be expressed as 

( ) ( )

( )
16 2

0 0 0 22 2
0

cos
cos 16

1024
p

A t
X B e τ ζ ω ψ

ω τ φ
2ω ω ω

− −
= − + +

− +
  (1-2) 

The results showed that initial displacement of the liquid slug and gravity had no 
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significant effect on the oscillation motion.   

Zuo et al. [30] considered a typical OHP shown in Fig. 1.1 and presented a 

governing equation as follows: 

( ) ( ) ( )

( ) ( )

22
0

22
0

0

8 2
/ 2 1 /

/ 2 1 0

l s

l l l

e
l

fg

P A RTd x dx
d DA d LA L A

QL A x
h

μ φ
τ ρ τ ρ φ ρ φ ρ

ρ φ τ

⎛ ⎞
+ +⎜ ⎟

− 0

at

v⎡ ⎤⎝ ⎠ ⎣ ⎦
⎡ ⎤
⋅ − + =⎢ ⎥
⎢ ⎥⎣ ⎦

   (1-3) 

where 0φ  is the initial filling ratio of liquid.  The equation considers the effect of 

filling ratio.  And in the following part of this paper, a numerical simulation was 

conducted and verified the optimal filling ratio obtained by Eq. (1-3). 

Ma et al. [13] also presented a governing equation for liquid slug in a general heat 

pipe, in which a function of temperature variation between of the evaporator and 

condenser was assumed.  The equation is as follows: 

( ) ( ) ( )

( )

2

2 2 2

, max min

Re Re
2 2

1 cos
2

l l v v
l l v v l l v v

h h

fg v cv

v e

L Ld x dxL L A f f A
d D D

AhA RT T Tx
L T

μ μρ ρ
dτ τ

ρρ ωτ

⎡ ⎤⎛ ⎞ ⎛ ⎞
+ + ⋅ + ⋅⎢ ⎥⎜ ⎟ ⎜ ⎟

⎝ ⎠ ⎝ ⎠⎣ ⎦
⎛ ⎞ Δ −Δ⎛ ⎞+ = +⎡ ⎤⎜ ⎟⎜ ⎟ ⎣ ⎦⎝ ⎠⎝ ⎠

  (1-4) 

The model considers the effects of tube dimensions, filling ratio, operating 

temperature, and temperature difference between the evaporator and condenser.   

Combined with several additional equations determining the heat transfer coefficient 

for both sensible heat and latent heat, the model can be used to predict the heat ransfer 

performance in an OHP and results show that sensible heat play a more important role 

in the heat transfer of heat pipe, which is consistent with the conclusion obtained by 
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Zhang and Faghri [11]. 

It is noticed that the models summarized above are based on either simplified 

cases or neglecting the effect of multi liquid slugs.  Shafii et al. [10] conducted a 

numerical simulation of looped and un-looped OHPs with multi liquid slugs.  The 

results showed that gravity has no significant effect on heat transfer for un-looped 

OHP with the top heat mode.  The total vapor plugs will decrease to the number of 

bending sections no matter what the initial number is.  They also showed that heat 

transferred by the sensible heat is much larger than latent heat.   

 

1.3.2 Heat transfer in an OHP 

As presented in the previous sections, theoretical investigations indicate that heat 

transfer due to the sensible heat plays a much more important role than latent heat in 

the OHP [10, 11, and 13].  Some of the experimental investigations [16] also 

demonstrated that there are two kinds of flow mechanisms in the OHP, i.e., oscillation 

and circulation.  And it was found that the OHP has a better heat transfer 

performance when the circulation existed. All these models, however, cannot explain 

this phenomenon very well.  It should be noticed that in the models of Zhang et al 

[11] and Shafii et al [10], the heating and cooling section are adjoining one by one, 

such that there is no  adiabatic section, which is  different from the general cases.  

It is easily imagined that under this kind of situation the liquid slugs would pass 

through heating and cooling sections alternately very often when oscillation occurs, 
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and heat transfer is mainly due to convection.   

In the model of Ma et al [13], the heat transfer coefficient was divided into two 

parts by applying the theory of Chen [31]: heat transfer due to the nucleate boiling 

and heat transfer due to bulk convection.  However, it is needed to verify the 

coefficient is valid for pulsating two-phase flow.  In fact pulsating fluid flow and 

heat transfer occur in many industrial fields.  Experimental studies on pulsating 

turbulent flow were conducted since 1970’s.  Most of these investigations focus on 

the single phase flow.  Even for the single phase flow, the heat transfer mechanisms 

of pulsating flow have not been fully understood.  Available experimental studies 

related to heat transfer of pulsating flow show many controversial results.  For 

example, it was reported that frequency had no direct effect on the Nusselt number 

[32].  Whileno heat transfer enhancement was found in [33, 34], a slight heat transfer 

reduction was found in [35]. It was also reported that Nusselt number decreases if the 

frequency is below a certain frequency, and Nusselt number increases if the frequency 

is above a certain frequency [36]. The heat transfer enhancement occurs only when 

the oscillating frequency was higher than a certain value [37]. The heat transfer 

coefficient increases with the pressure oscillation amplitude [38], and high frequency 

and large oscillation amplitude can enhance heat transfer especially at low Reynolds 

number [39].  Nusselt number was found to increase with both pulsation amplitude 

and frequency in a square-sectional duct [40] and so on.   

1.3.3 Heat transfer enhancement of OHP 
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As introduced in the first section, there are many factors affecting the heat 

transfer performance of OHP, such as setting optimized filling ratio, turn number, 

gravity, and working fluid.  In order to increase the heat transfer performance, a 

number of investigators employed a number of new approaches. By applying a porous 

metal wick to the channel wall, an OHP can remove a heat flux of over 200W/cm2 at a 

temperature of just 20 K [30].  Holley and Fagrhi [41] presented a numerical 

simulation of an OHP with capillary wick including the tube diameter effect.  In their 

model, multi liquid slugs were considered, including heat transfer in the wall, wick 

and working fluid.  The results showed that as tube diameter along the channel 

varies, the heat transport capability in an OHP can be increased and is less sensitive to 

gravity  

1.4 Dissertation objectives 

The research objectives of  this current investigation are summarizes as follows: 

1)to develop a theoretical model of oscillating motion in an OHP which can be used to 

predict the oscillating motion including the effects of turn number, filling ratio, 

gravity, heat input, and operating temperature; 2) to develop a heat transfer model 

predicting the heat transfer performance in an OHP; 3) to develop an thin film 

evaporation model which considers the fluid momentum effect; 4)to develop a 

mathematical model predicting minimum meniscus radius occurring in an sintered 

particle wick; 5) to develop a mathematical model predicting  heat transfer occurring 
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in a sintered wick; and 7) to develop a model predicting the non-condensable gas 

effect in a charging process.  



CHAPTER 2 MATHEMATICAL MODEL OF 

OSCILLATING MOTION & HEAT TRANSFER IN OHP 

2.1 Physical Model 

 As shown in Fig. 1.1 in previous chapter, a general OHP is considered which can 

be used for either open loop or close loop the OHP. Based on previous investigation 

[12-13, 30], the one dimensional assumption of the oscillating motion occurring in an 

OHP is reasonable. The meandering tube could be taken as a straight one as shown in 

Fig. 2.1.  Sections for heating and cooling distribute alternately.  If the OHP works 

with vertical mode or with any angle other than zero, the direction of gravity would 

reverse section by section.  The vapor bubble and liquid plug appear alternately 

along the tube.  It is noticed that for a closed looped OHP, the number of vapor 

bubble is the same as that of liquid plug and equal to N, and for an open looped OHP, 

the number of vapor bubble is N+1, and liquid plug N.  However, it is also possible 

for an open looped OHP, that there are N+1 liquid plugs and N vapor bubbles, or 

plugs and bubbles with even number.  For these two cases, the extra one or two 

liquid plugs actually are trapped in the two ends of tubing which are located in the 

condenser, and are not involved in the system motion, which  have very little effect.  

Hence, it is still reasonable for the number setting aforementioned.   

The following assumptions are made for the model: 
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1) The vapor phase in the OHP is saturated and ideal; 

2) The driving force caused by  the surface tension is neglected; 

3) The mass variation of vapor is neglected during the steady-state process.  In 

other words, the oscillation of vapor mass (or liquid mass) is not significant 

when the whole system reaches a steady-state; 

4) The drag force due to viscosity between the tube wall and vapor phase is 

neglected; 

5) Temperature variations at both the evaporator and condenser are relatively 

small comparing with the operating temperature (in Kelvin degree). 

 

Fig. 2.1 One-dimensional schematic of OHP 

Because the vapor phase is saturated, the vapor pressure can be described by the 

Clapeyon Equation, i.e.,  

       0
0

0

exp fgh T Tp p
R TT

⎛ ⎞−
= ⎜

⎝ ⎠
⎟       (0-1) 
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where the subscript 0 denotes a reference state Using Taylor series, Eq. (2.1) can be 

expressed as: 

       0
0 0fg v

T Tp p h
T

ρ −
= +       (0-2) 

where it should be noticed that the higher terms are not considered because higher 

terms are so small that they can be neglected.  Based on the ideal gas assumption, 

i.e.: 

        pV mR
T

=         (0-3) 

Eq. (2-3) can be obtained as  

       V VRdm pd dp
T T

⎛ ⎞= +⎜ ⎟
⎝ ⎠

      (0-4) 

Considering Eq. (2-2), two terms on the right side of Eq. (2-4) can be rewritten as: 

     0
0 0fg v

T TVpd p h d
T T

ρ −⎛⎛ ⎞ ⎛ ⎞= +⎜ ⎟ ⎜ ⎟⎜
⎝ ⎠ ⎝ ⎠⎝ ⎠

V
T

⎞
⎟      (0-5) 

     ( )0 0
1

o fg v
V V Vdp d p p T h d
T T T T

ρ ⎛ ⎞= − = − ⎜ ⎟
⎝ ⎠

    (0-6) 

respectively.  Substituting Eqs. (2-5) and (2-6) into Eq. (2-4), and dividing Eq. (2-4) 

by 0 0fg vT h ρ , it can be found as:                         

                2
0 0

1

o fg v fg

R R V Vdm d d
T h T h T Tρ

⎛ ⎞ ⎛ ⎞ ⎛ ⎞= + −⎜ ⎟ ⎜ ⎟ ⎜ ⎟⎜ ⎟ ⎝ ⎠ ⎝ ⎠⎝ ⎠
         (0-7) 

Basing on the steady state assumption, ( )/d V T  and ( )2/d V T  could be simplified 

as: 

       0
2

0 0

1 VVd dV
T T T

⎛ ⎞ = −⎜ ⎟
⎝ ⎠

dT       (0-8) 
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       0
2 2 3

0 0

21 VVd dV
T T T
⎛ ⎞ = −⎜ ⎟
⎝ ⎠

dT       (0-9) 

respectively. Equation (2-7) can be rewritten as: 

     0
2

0 0 0 0 0

1

fg fg fg v

VR RdV dT dm
h T T T h h T ρ

⎛ ⎞
+ − =⎜ ⎟⎜ ⎟

⎝ ⎠

R     (0-10) 

For such a vapor bubble, the energy balance gives: 

    ( ) 0 0p p pQ dH W d mc T W m c dT c T dm Wδ δ δ= + = + = + +δ    (0-11) 

where  is the heat capacity, which is assumed to be  constant. pc

Considering Eq. (2-11), Eq. (2-10) can be found as: 

      ( )0
2

0 0fg fg v p 0

R qt WVR dV dT
h T h c

δ
ρ
−

+ =
T

      (0-12) 

it should be noticed that Q qtδ = .Substituting 0dV V V= −  and  into Eq. 

(2-12), the relation between vapor volume and temperature could be expressed as: 

0dT T T= −

( )0
02

0 0 0

1

fg fg fg v p 0

R qt WVR RV T V
h T h T h c T

δ
ρ

⎛ ⎞ −
+ = + +⎜ ⎟⎜ ⎟

⎝ ⎠
    (0-13) 

For the nth vapor bubble shown in Fig. 2.1., the original length is ,0nL , and the volume 

can be calculated by ( ,0nV L x= + . (2-13) can be rewritten as: 

    

) A .  Then Eq1n nx+ −

( )1
2

,0 0 0 0 ,0 0

11 n nn n n

fg n fg fg p v n

R q t Wx x TR R
h L T h T h c A L

δ
ρ

→+
⎛ ⎞ −−
+ + = + +⎜ ⎟⎜ ⎟

⎝ ⎠

n

T
   (0-14) 

th liquid plug can be found as: The momentum equation for the n

    ( ) (
2

,Re l l nn nL Ad x dxAL f A p p
μ

ρ + = −i ), 12 22l l n l n n
hdt D dt −    (0-15) 

Basing on Eq. (2-2), it is known that: 

( )0 1
1 0

1

n n
n n fg

n n

T T T
p p vh

T T
       ρ−

−
−

−
=      (0-16) −
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where Tn and Tn-1 can be expressed as: n0nT T T= + Δ  and 1 0 1n nT T T− −= + Δ .  It is 

noticed that the deviation of temperature is very small comparing with temperature 

itself.  Hence Eq. (2-16) could be approximated as: 

( )1       1
0

0
n n

n n fg v

T T
hp p

T
ρ− −

     (0-17) 

th ipts of its neighboring va

respectively), it is noticed that the work done by the vapor bubble on the liquid plug, 

which is determined by the slug motion, has different sign for different sides of the 

liquid plug. Basing on Eq. (2-14), it can be found that: 

   

− − ≈

For the n  liquid plug (subscr por bubbles are n-1 and n 

1 1 1
2

0 0 0 1,0

n n n n n

fg p v nT h c AT Lρ
− − − →

−

= −⎜⎜
⎝ ,0

1 1

1,0 ,0

n n n

n

n n n n

fg n n

T T q t W q t WR
L

x x x xR
h L L

δ δ →

− +

−

⎛ ⎞− + −
+⎟⎟
⎠

⎛ ⎞− −
−⎜ ⎟⎜ ⎟

⎝ ⎠

   (0-18) 

Substituting this equation into Eq. (2-17) and then into (2-15), it yields: 

( )
2

,
, 0 02 2

1,0 ,0

Re
2

n n
l l n l v n

h n n

L f R T x
dt D dt L L

ρ ρ
−

+ − + +⎜ ⎟⎜ ⎟
⎝ ⎠

1 1 1
0 0

1,0 ,0 1,0 ,0 1,0 ,0

1 1l l n

n n n n n n n n
v

n n p n n n n

Ld x dx

x x q q W WRR T
L L c A L L L L

μ

δ δρ − − − → →

− − −

⎛ ⎞

⎡ ⎤⎛ ⎞ ⎛ ⎞ ⎛ ⎞
+ = − + +⎢ ⎥⎜ ⎟ ⎜ ⎟ ⎜ ⎟⎜ ⎟ ⎜ ⎟ ⎜ ⎟⎢ ⎥⎝ ⎠ ⎝ ⎠ ⎝ ⎠⎣ ⎦

 (0-19) 

Equation (2-19) can be expressed in matrix as: 

       

i

( )t= +Mx + Cx + Sx Q W      (0-20) 

where: 

          (0-21) 

,1

,2

,

0 0
0

0 0

l

l
l

l N

L
L

L

ρ

⎛ ⎞
⎜ ⎟
⎜ ⎟=
⎜ ⎟
⎜ ⎟⎜ ⎟
⎝ ⎠

M  
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( )
,1

,2
2

,

0 0
0Re

2
0 0

l

ll l

h

l N

L
Lf

D
L

μ
⎛ ⎞
⎜ ⎟
⎜ ⎟=

⎟
C     (0-22)       

⎜
⎜ ⎟⎜ ⎟
⎝ ⎠

i

 

1,0 ,0 1,0 ,0

1,0 2,0 1,0 2,0

0 0

1,0 ,0 1,0 ,0

,0 1,0 ,0 1,0

1 1 1 10 0

1 0

⎜ ⎟
⎜ ⎟
⎜ ⎟

1 1 1

0
1 1 1 10

0 0
1 1 1 10 0

N N

v

n n n n

N N N N

L L L L

L L L L

R T

L L L L

L L L L

ρ

− −

− −

⎛ ⎞− −⎜ ⎟

− −
⎜ ⎟
⎜ ⎟
⎜ ⎟=
⎜ ⎟− −⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟− −⎜ ⎟
⎝ ⎠

S
 (0-23) 

  ( )

1,0

1

1,0 2,0

1,0 ,0

1,0 ,0

1 0 0

1 1

0
1 1

0
1 10 0

np

n n

N

N N

L

q
L L

Rtt
qc A

L L
q

L L

−

−

⎛ ⎞−⎜ ⎟
⎜ ⎟
⎜ ⎟⎛ ⎞−⎜ ⎟⎜ ⎟
⎜ ⎟⎜ ⎟
⎜ ⎟⎜ ⎟
⎜ ⎟= ⎜ ⎟
⎜ ⎟⎜ ⎟−⎜ ⎟⎜ ⎟
⎜ ⎟⎜ ⎟⎜ ⎟⎜ ⎟⎝ ⎠
⎜ ⎟
⎜ ⎟− −⎜ ⎟
⎝ ⎠

Q  (0-24) 

     

1 1 1

,0 1,0

1 2 2 2

1,0 2,0

1

1,0 ,0

1

1,0 ,0

N

N

n n n np

n n

N N N N

N N

W W
L L
W W
L L

R
W Wc A
L L

W W
L L

δ δ

δ δ

δ δ

δ δ

→ →

→ →

− → →

−

− → →

−

⎛ ⎞+⎜ ⎟
⎜ ⎟
⎜ ⎟

+⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟=
⎜ ⎟+⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟+⎜ ⎟
⎝ ⎠

W       (0-25) 

It is noticed that equations discussed above are valid only for the case of closed 

looped OHP in horizontal mode.  For other cases, using the approaches presented 
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above, the equations and matrix can be readily obtained.  

For an open looped OHP in horizontal mode, the matrix S will be different which 

can be found as: 

1,0 0,0 1,0

1,0 2,0 1,0 2,0

0 0

1 1⎛ ⎞

1,0 ,0 1,0 ,0

1,0 ,0 1,0

0 0
1 1 10 0 0

n n n n

N N N

L L L L

L L L

− −

− −

⎜ ⎟
⎜ ⎟

⎜ ⎟− −⎜ ⎟
⎝ ⎠

If the gravitational force is considered, one extra term for both closed and open 

1 0 0 0

1 1 1 1 0

0
1 1 1 10

v

L L L

L L L L

R Tρ

− −⎜ ⎟
⎜ ⎟
⎜ ⎟

− −⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟=
⎜ ⎟− −⎜ ⎟

⎜ ⎟

S
 (0-26) 

loop

 

ed OHPs will be added as follows: 

    ( ) ( )t t= + +Mx + Cx + Sx Q W G       (0-27) 

If all of the liquid plugs keep oscillating in their initial sections, G is not a 

function of time and can  be expressed as: 

             (0-28) 

where Nsec(n) denotes which section of the tube the nth liquid plug is at. 

If the liquid plug passes through different sections during oscillating motion, G 

will be a function of time also: 

( ) ( )

( ) ( )

( ) ( )

sec

sec

sec

1
,1

,

,

1

1

1

N
l

N n
l l n

N N
l N

L

g L

L

ρ

⎛ ⎞−
⎜ ⎟
⎜ ⎟
⎜ ⎟= −⎜ ⎟
⎜ ⎟
⎜ ⎟
⎜ ⎟−⎝ ⎠

G
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( )

( )

( )

,1

,

,

sgn 1,

sgn ,

sgn( , )

l

l nl

l N

t L

n t Lt g

N t L

ρ

⎛ ⎞
⎜ ⎟
⎜ ⎟
⎜=
⎜ ⎟
⎜ ⎟
⎜ ⎟
⎝ ⎠

G ⎟      (0-29)        

where sgn(n,t) denotes the sign of the nth liquid plug at  t. 

From the system stiffness, it is noticed that for both open looped and close looped 

OHPs, the vapor bubbles in the system function similar to linear springs.  The whole 

system could be illustrated in the way shown in Fig. 2.2. It should be noticed that the 

 vapor bubbles is not only

also from the heating or cooling, which is different from natural springs.   

energy received or released by  from/to kinetic energy, but 

 

Fig. 2.2 A spring system of OHP 

2.2 Model Analysis 

 By solving the equations shown in the previous section, the oscillation motion in 

the OHP could be determined.   However, there are still some problems existed such 

as: how to determine the number N which is generally uncertain for an operational 
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OHP; and how to determine he bubble.  It is noticed that the 

thermal energy received from and released to the surrounding is not only through 

vapor bubbles, but also through the convection heat transfer of liquid plugs, which has 

at transfer into the vapor 

also been discussed in the previous literatures.  These problems would be discussed 

in the following sections including assumptions.  

2.2.1 System natural frequencies 

The natural frequency of the whole system could be obtained through the mass 

and stiffness matrix by solving the characteristic equation: 

        2 0ω − =M S        (2-30) 

Where mass M and stiffness S is expressed as: 

1 0α 0⎛ ⎞

⎟
⎟

      (2-31) 20 α
l lLρ

0 0 Nα

⎜ ⎟

⎜ ⎟

⎜=
⎜

M

⎝ ⎠

1 1

1 2 1 2
0 0 0v

vL
⎜= −
⎜

S

1 1

1 1

1 1 1 1

1 1

1 1 1 1

1 0

n n n n

N N N N

R T

β

β β
ρ

β β β β

β β β β

− −

− −

⎛ ⎞− ⎟
⎜ ⎟

+ −
⎜ ⎟

⎟
⎟

⎜ ⎟− + −
⎜ ⎟
⎜ ⎟
⎜ ⎟− −⎜ ⎟
⎝ ⎠

 (2-32) 

respectively. α, β in Eqs. (2.31) and (2.32)denote the length ratio of each individual 

slug or plug to the total length of liquid or vapor respectively, i.e. l

0
N Nβ β β

+ −⎜

1 1 0 0
β β

⎜ ⎟
−⎜ ⎟

1 1 1
+

, /n l nL Lα = , 

/n nL Lvβ = .  Then a frequency can be found as: 
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0 0
0

v

l l v

R T
L L
ρω

ρ
=              (2-33) 

Where it should be noticed that Eq. (2-33) cannot be used to replace the natural 

frequency.  The real natural frequency should be higher or smaller than this value 

depending on the mass and stiffness matrix.  For the system with one freedom, it is 

the natural frequency. 

Wth this frequency, Eq. (2-30) becomes: 

1 1

1
2 1 2 1 2

20
det

αω
ω
⎛ ⎞ ⎜ ⎟ ⎜ ⎟

0

1

1 0 00 0

00
1 1 1 1

0 0

1 1 1 1

β β β β

α
β β β β

α

−⎜ ⎟

⎟
− + −⎛ ⎞ ⎜ ⎟

⎜ ⎟ ⎜ ⎟

1 1 1 0

1 1 1
N N

⎛ ⎞+ −
⎜ ⎟
⎜

+

1 1

1 1

0

N
n n n n

N N N N

β β β β

β β β β

− −

− −

=
⎝ ⎠ ⎜ ⎟ ⎜ ⎟− + −

⎜ ⎟− − +

istribution of liquid plug and vapor bubble in  the OHP is one 

of th frequency. 

Considering Ltot=Ll+Lv and filling ratio 

⎜ ⎟ ⎜ ⎟ ⎜ ⎟

⎝ ⎠ ⎜ ⎟
⎜ ⎟

⎜ ⎟
⎝ ⎠

                 (2-34) 

which shows that the d

e dominating factor to the system natural 

l

tot

V
V

ϕ = ,  Eq. (2-33) becomes: 

       
( )

0 0
0

1
1
v

tot l

R T
L

ρω
ρ φ φ

=
−

      (2-35) 

As shown in Eq. (2-35), the liquid filling ratio is also a important parameter 

determining the frequency. 

Consider one simple case, N=4, which has 4 freedom degrees.  The equation for 
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the natural frequency can be found as: 

2 2
1 1 1 1 1ω ω⎧ ⎡⎡ ⎤ ⎛ ⎞⎛ ⎞ ⎛ ⎞

3 22
1

1
1 2 2 2

2 0 1 2 4

4 22

1 1 1 1

1 1 1

α α
ω β β β ω β β

αω ωα
ω β β β ω β β β β

ω ωα α

⎫⎤
⎪ ⎪⎢ ⎥⎜ ⎟⎢ ⎥+ + − + + +⎜ ⎟ ⎜ ⎟⎜ ⎟⎪ ⎪⎢ ⎥⎢ ⎥⎝ ⎠ ⎝ ⎠

⎡ ⎤ ⎡ ⎤⎪ ⎪⎛ ⎞ ⎛ ⎞
⎢ ⎥ ⎢ ⎥+ + − + +⎪ ⎪⎜ ⎟ ⎜ ⎟
⎢ ⎥ ⎢ ⎥⎝ ⎠ ⎝ ⎠⎪ ⎪

⎡ ⎤⎛ ⎞ ⎛ ⎞
⎢ ⎥+ + − +⎜ ⎟ ⎜ ⎟

0 2 3 1 0 2

2 2

⎪⎣ ⎦ ⎝ ⎠ ⎪⎣ ⎦
⎨ ⎬

0 1 4 2

2 2

⎣ ⎦ ⎣ ⎦⎩ ⎭

 
0 3 4 3 0ω β β β ω⎢ ⎥⎝ ⎠ ⎝ ⎠⎣ ⎦

2

1

2 2

3
4 0 1 2 0 2 3

2 2 2 2
1 3 2 4 1 2 3 4

1 1 1 1

1 1 1

ωα
⎡ ⎤ ⎡ ⎤⎛ ⎞

1 2 0 1 4

22

1 1

β β ω β β

α
β ω β

⎢

1 1 2 0

ω ωα
β ω β β

β β β β β β β β

⎥ ⎢ ⎥+ + +⎜ ⎟
⎢ ⎥ ⎢ ⎥⎝ ⎠⎣ ⎦ ⎣ ⎦

⎢− + +⎜ ⎟
⎢ ⎝ ⎠

⎡ ⎤ ⎡ ⎤⎛ ⎞ ⎛ ⎞
⎥ ⎢ ⎥+ + +⎜ ⎟
⎥ ⎢ ⎥⎝ ⎠⎣ ⎦ ⎣ ⎦

(2-36) 

The roots were listed in Table 2.1.  It indicates that the system natural 

frequencies varied with different distribution of liquid plugs and vapor bubbles.  In 

the real situation, the oscillating motion of the liquid plugs and vapor bubbles may 

shift from one mode to anther.  This indirectly shows that the oscillating motion in 

 may not be smooth if the system has the bubble generations or collapses.  

Previous experimental results show that the system can reach a stable condition, but 

the oscillating motion in terms of frequency and aptitude is not stable.  In other 

words, although the system can reach a stable oscillating motion in terms of a stable 

aver

+ − =

the OHP

age frequency and aptitude, the transient frequency and aptitude is not constant, 

which depending on the bubble generation and collapse.    
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Table 2.1 Natural frequency for N=4  

Case No. 1α  2α  3α  4α  1β  2β  3β  4β  ( )0/ 2  ω ω

1 0.25 0.25 0.25 0.25 0.25 0.25 0.25 0.25 0,32,64 

2 0.3 0.2 0.3 0.2 0.25 0.25 0.25 0.25 0,26.7,40,66.7
 

3 0.3 0.2 0.2 0.3 0.25 0.25 0.25 0.25 0,30.85,33.3,69.15
 

4 0.25 0.25 0.25 0.25 0.4 0.1 0.4 0.1 2.9x10-15,20,80,100
 

5 0.25 0.25 0.25 0.25 0.4 0.1 0.1 0.4 0,25.76,50,124.24 

6 0.3 0.2 0.3 0.2 0.3 0.2 0.3 0.2 1.6x10-15,25,44.4,69.44
 

 

2.2.2 Average iquid plug eloci  in C OH  

 repo by at [1 , the bul u  bserved 

experiments LO  I oti ha t e of 2-19)

the liquid plu he s re  to lo io d l re c

and ally i m

 l  v ty L P

As rted  liter ures 4-16] k circ lation was o in the 

of C HP. t is n ced t t if ge ting th  sum  Eq. (  for all of 

gs, t term lated  the comot n x an  heat f ux q a anceled out, 

fin t beco es: 

( ) (( ) )
2

2 ∑ 2
l lLμ

1

,0

2 n n
h

p n

d d x
dt D dt

W W
c A L

α

δ δ ⎞
⎜ ⎟⎜ ⎟
⎝ ⎠

∑

where 

Relf il lLρ n nx +

n n→ + n n→ +R
=

α∑
⎛

     (2-37) 

n nxα∑

be noticed that 

bubble to the liquid plugs. 

  is defined as the  center of mass during locomotion, and it should 

+ is actually the net work done by the nth vapor ( )1n n n nW Wδ δ→ →+  

 If X= n nxα∑ , Eq. (2-37) becomes: 
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( )
2

,

,0

Re n netl l

h p n

WLd X dX RL f
δμρ
⎛ ⎞

+ = ⎜ ⎟∑i      (2-38) 2 22l l ldt D dt c A L⎜ ⎟
⎝ ⎠

However, n nxα∑  does not present the center of mass during locomotion in a 

general sense, because the meandering tube is straightened in the model.  It is much 

better to only use this definition for the average velocity

meandering tube.  Equation (2-38) indicates that the motion of the liquid plugs in the 

 is driv

 net work from the

 of liquid plugs along the 

CLOHP en by the expansion and contraction of vapor bubbles.  For the nth 

vapor bubble, the  bubble can be expressed as: 

  ( ) ( ) ( ), 0 0n net n n n
W d pV Rd m T dm m dTδ = = +   T R=    (2-39) 

  
( ) (0 0,

0 0
,0 ,0

n net n
v v )

n n

T dm m dTW
R

n
R T d dT

AL V
δ

ρ ρ
+

= = +      (2-40) 

For a steady-state operation, the vapor generation in the evaporating section is equal 

to the vapor condensing rate in the condensing section, the total vapor mass in the 

whole system is constant, i.e., the net change of the total vapor mass in the system is 

zero.  Hence, 0 vT dρΣ  can be taken as zero.  It is clear from the physical model 

that the energy of the oscillation in OHP comes from the expansion and contraction of 

vapor plugs in evaporator and condenser respectively.  It can be easily found out that 

ork of ugs done in adiabatic section could

re in rating and condensing sections ca

respectively.  If taking the reference temperature as the surrounding temperature, 

which is close to the one of condenser, 

the net w  be neglected.  The vapor  vapor pl

the evapo

( )

temperatu n be assumed to be uniform, 

( ) ( )0 0e e c c e e cdT N T N T T N T T+ − ≈ −∑ T= − .   and  denote the bubble eN cN
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number in the evaporator and condenser, respectively.  Then Eq. (2-38) can become: 

  ( ) ( )
22

0Re l l vL Rd X dXL f N T Tμ ρρ + = −i      (2-41) 2 22l l l e e c
h pdt D dt c

From Eq. (2-41), it can be found that the circulating motion in the CLOHP is due to 

the temperature drop between the evaporator and condenser.  A reasonable 

approximation of is the number of meandering turns, Nturn because most of the 

bubbles would be produced in the evaporator.  And one of numerical analysis, [7], 

also mentioned that when CLOHP comes to steady state, there would be one vapor 

bubble for each section, no matter what the initial number was.  However, the effect 

of number of bubbles would be still discussed in the later section.   

s model [11] was used to determine the convective

eN  

Chen’  evaporation in the 

evaporator section, in which the total heat transfer coefficient, h, can be expressed as

        mic mach h h= +       (2-42) 

where hmic is due to the nucleate boiling heat transfer, and hmac due to the bulk 

convection.  The microscopic nucleate boiling portion of the heat transfer coefficient 

could be found by 

 
[ ] [ ]

0.79 0.45 0.49
0.24 0.750.00122 ( ) ( )l pl l

mic w sat l sat w l

k c
h T T P P T P S

ρ⎡ ⎤
= − −⎢ ⎥0.5 0.29 0.24 0.24

l lv vhσ μ ρ⎢ ⎥⎣ ⎦   (2-43) 

where S is a suppression factor and a function of the two-phase Reynolds number, i.e.,

     16 1.17(1 2.56 10 Re )tpS − −= + ×        (2-44) 

The two-phase Reynolds number in Eq. (2-44) can be determined by    

             (2-45) 
1.25Re Re [ ( )]tp l ttF X=
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where the liquid Reynolds number and the Martinelli parameter, Xtt , are defined by 

( )1
Re i

l
l

G x D
μ
−

=
              (2-46) 

0.5 0.10.91 v l
tt

l v

xX
x

ρ μ
ρ μ

⎛ ⎞ ⎛ ⎞−⎛ ⎞= ⎜ ⎟ ⎜ ⎟⎜ ⎟
⎝ ⎠ ⎝ ⎠ ⎝ ⎠       (2-47) 

respectively.  The function F(Xtt) shown in Eq. (2-45) depends on the Martinelli 

parameter, i.e., 

     1( )ttF X =   for        (2-48) 
1 0.1ttX − ≤

0.7361( ) 2.35(0.213 )tt
ttX  for 

1 0.1ttX − >    (2-49) 
F X = +

Utilizing the Martinelli parameter for a two-phase flow, the heat transfer 

coefficient due to the forced convection caused by oscillating motions can be readily 

determined by          

( )mac tt lh F X h=          (2-50) 

where lh is the liquid-phase heat transfer coefficient defined as 

      

0.8 0.4.023 rl
l

k⎛
⎜0 Re Pl l

i

h
D

⎞
= ⎟

⎝ ⎠       (2-51) 

An empirical model developed by Shar [12] is used to determi

cond

ne the convective 

ensation in the condenser, in which the heat transfer coefficient is defined as 

( ) ( )
( )

0.040.76
0.8 3.8 1

1
cr

h φ φ
φ

−
= − +       (2-52) 0.38/loh P P

where P and Pcr are the absolute local pressure and critical pressures, respectively.  

And 
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0.8
0.40.023 Prl

lo l
l

k GDh
D μ

⎛ ⎞⎛ ⎞= ⎜ ⎟⎜ ⎟
⎝ ⎠⎝ ⎠

            (2-53) 

w,, 

and  average velocity of liquid plugs and vapor bubble

heat flux adding on the  evaporator, u,.  However, Eqs. (2-41) to (2-53) describe 

only three relations among these variables.  An additional equation or relation is 

needed for a unique solution.  Examining relations among those variables, such a 

from the evaporator, Te and w

laten

 

From (2-41) to (2-53), it can be found that there are four variables the evaporator 

temperature, Te, condenser temperature, Tc, wall temperature in the evaporator,  T

s in the CLOHP for a constant 

relation should come T  can be used to determine the 

t heat transferred through the evaporator, which can be found out through 

investigating every single vapor bubble existing in the evaporating section at a given 

time.  However, numerical investigations [6-8] have shown that heat transferred 

through sensible heat is much larger than that through latent heat.  For example, 

Miyazaki [7] state that about 95% of the total heat is transferred by the sensible heat 

and Akdag et. al [8] predict over 90%.  The equations from (2-41) to (2-53) can be 

used to find the relation between the percentage of sensible heat over total heat and 

the evaporator temperature, i.e. given evaporator temperature, achieve average 

velocity from Eq. (2-41), then basing on the velocity and other equations obtain the 

sensible heat percentage.   

In order to verify the model, the experimental results obtained by Brian et al [62] 

were used for a comparison.  Figure 2.3 illustrates the configuration of the CLOHP. 

The working fluid is water and the filling ratio is 50%.  The experiments were 
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conducted at an operating temperature of 20 C and 60 C, respectively.  

 

Fig. 2.3 Schematic of 8-turn close-loop oscillating heat pipe 

 

Figure 2.4 shows the evaporator temperature effect on heat transfer occurring in 

the evaporator at an operating temperature of 60°C.  As the evaporator temperature 

increases, liquid plugs and vapor bubbles in the OHP accelerate, which enhances the 

convection heat transfer and consequently more heat is transferred through the 

sensible heat.   As shown in Figure 2.4, the power input di ectly affects the 

percentage of se ture. When the 

perating temperature is relatively higher, the percentage of the sensible heat 

decr

   

r

nsible heat depending on the operating tempera

o

eases as the power input increases.  When the operating temperature is relatively 

lower, the percentage of the sensible heat increases as the power input increases. 

The reason for this is that the random oscillation of liquid plugs is definitely amplified 

by a higher temperature, and the average velocity of liquid plugs becomes smaller at a 

lower operating temperature. . Figure 2.5 illustrates the evaporator temperature effect 
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on heat transfer occurring in the evaporator at an operating temperature 20°C.  It 

shows a peak value of sensible heat percentage, and the scale of this percentage is 

much lower than that presented in Fig. 2.4.  Obviously, the operating temperature 

plays a key role in it.  And the results of Fig. 2.5 can also prove the conclusion of the 

existing upper limit for sensible heat at an operating temperature 60°C. 

 

Fig. 2.4 Sensible heat percentage vs. Te at Top=60°C 
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Fig. 2.5 Sensible heat percentage vs. Te at Top=20°C 

As shown on Figures 2.4 and 2.5. The percentage of the sensible heat is basically 

less than 90%, which is different from the previous prediction [7,8].  It is noticed 

that in Eq.(2.41), if given the temperature of evaporator and condenser, the right hand 

term becomes constant, the solution of averaged velocity could be achieved 

as 1
2

C tX e C−= + , where C1 and C2 are two positive constants, and signal of C2 is 

actually determined by right hand side of Eq. (2.41).  This means average velocity of 

liquid slugs will have a fixed direction even the evaporator and condenser’s 

temperature is not constant, which means circulation occurs in OHP.  Given 

Te=75°C, and Tc≈Top=60°C, the average velocity will approaches 1.22m/s.  And 
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given Te=55°C, and Tc≈Top=20°C, the average velocity will approaches 0.18m/s.  It 

could be found that the circulation is much stronger with higher operating temperature, 

and it is reasonable to see that the sensible heat take a big part under this situation.  

Actually, different from those analyses in previous investigations, the equations here 

used are based on the average characteristics, and only capture the properties of heat 

transfer when circulation occurred obviously.  When oscillation is a dominant 

phenomenon in CLOHP, the average velocity, which is around zero, can not be used 

to measure the convection heat transfer anymore.  But it could be still informed by 

the trend presented by this model: when temperature or input heat becomes smaller, 

the average velocity decreased, but the sensible heat percentage increases.   

One issue is how to determine the sensible heat percentage in the current model.  

The thought here is th convection: more heat 

tran

o important p

at the CLOHP system prefers stronger 

sferred into vapor bubbles would induce stronger liquid plug oscillation in the 

evaporator, and the convection heat transfer would continuously increase until reach 

to the upper limit.  Many factors would affect the percentage upper limit of sensible 

heat, and as shown in previous discussion, operating temperature and input power are 

tw arameters.  However, a lower percentage might be more reasonable 

due to the average velocity in the evaporator should be larger than the overall average 

velocity.  And when the system comes to a steady state, the acceleration term in Eq. 

(2-41) would be eliminated and the equations becomes: 

( ) ( )
2

0Re l l v
l e e c

L RdX
22 h p

f N T Tμ ρ
= −i      (2-54) 

D dt c

  34



Figure 2.6 shows the temperature drop from evaporator wall and condenser wall 

for operating temperature is 60°C, and compare between the prediction by model and 

the experimental results.  In the calculation, the percentage was set to a constant 

equal to 0.87. However this constant is artificial, which is just picked in the range of 

±5% of 90%. The predictions in this rage would match partial of the experimental 

data very well and this selection range is OK just because the working conditions has 

determined it.  For example given constant percentage 0.87 as shown Fig. 2.6, it is 

noticed that the fixed sensible heat percentage is a little small for lower heat input but 

a little large for higher heat input.  And the prediction trend is not very well; because 

for very high heat input, the actual sensible heat percentage is much lower than 0.87.  

This method is not accurate and flexible in the real application.  It could be solved in 

real applications by figuring out the percentage range for each input power, then 

calculate the temperature difference, as shown in Fig. 2.7, in which the peak value of 

sensible heat percentage was first determined, and 98% of the peak values was set to 

the actual value considering liquid plug velocity is a little higher than the average 

velocity.   
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Fig. 2.6 Temperature drop vs. Heat input at Top=60°C 

 

Fig. 2.7 Temperature drop vs. Heat input at Top=20° 
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2.2.3 Effects of bubble number, meandering turn and gravity 

In the previous section, the bubble number in Eq. (2-41) was replaced by the turn 

number to simulate the turn number effect on the oscillating motion and heat transfer 

performance in an OHP.  If bubble generation and collapse are not considered, the 

bubble distribution and locomotion will be the only factor determining the bubble 

number in the evaporator. Ne in Eq. (2-41) becomes a function of X.  To simplify the 

problem, it is assumed that vapor bubbles were uniformly distributed, and so were 

liquid plugs.  Given the same schematic as Fig. 2.3, and the filling ratio as 50%, the 

periodic variation of bubble numbers along with locomotion of vapor plugs in the 

evaporator is presented in Fig. 2.8.  The total bubble number is 25 and 50 

respectively.  Due to the discrete distribution of bubbles and evaporating turns, 

sometimes only part of a bubble is in the evaporating section, however it still count to 

1 here, and hence the curves appear discontinuous.  As shown in Fig. 2.8, if there are 

more bubbles in the system, i.e. higher total number, there would be more bubbles in 

the evaporator and the frequency of bubble number variation is also increased.  To 

replace the discrete periodic variation in Fig. 2.8, a smoothing periodic function as 

shown below is presented:  

     ( )sin 2 /e e e b lN N N X lπ += +        (2-55) 

in which, over-bar presents the average value, tilde presents the deviation, and b ll +  is 

the length of a couple of bubble and liquid plug.  And use this function in the 

previous calculations, the variations of average velocity and saturated temperature of 
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bubbles in evaporator with time are presented in Fig. 2.9 and 2.10 respectively. It 

could be found that, with 50 bubbles totally, the average velocity is higher and 

saturated temperature of bubble is lower, which means stronger convection and lower 

temperature drop between evaporator and condenser.  The performance of OHP is 

definitely improved by having more bubbles in it.  The results also show that 

although the convection is enhanced by adding more bubbles, the stability of the 

system is worsened, which might result into the bubbles collapse.  Therefore using 

the meandering turns to replace Ne is a good approximation.   

 

Fig. 2.8 Ne vs. X 
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Fig. 2.9 u vs. time, 200W, Top=60°C 

 

Fig. 2.10 Tsat vs. time, 200W, Top=60°C 
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As mentioned in one literature [4], a critical turn number exists for a CLOHP in 

the horizontal mode.  Equation (2-41) can be used to explain this phenomenon: as 

the turn number decreases, a higher temperature drop between the evaporator and 

condenser is needed to keep the whole system running, however higher temperature 

means higher pressure drop between evaporator and condenser.  It could be 

concluded that while the temperature drop exceeding some value, the momentum of 

liquid slugs might be not enough to overcome the very high pressure drop to come 

back from condenser and then the system is broken down.   

In this literature, it was also reported that if a CLOHP worked in a bottom-heating 

mode, no such a critical turn number exists.  Here come to see the effect of gravity.  

If the gravity is added into the model, Eq. (2-41) becomes: 

  ( ) ( )
22

0
2 2Re

2
l l v

l l l l turn e c
h p

L Rd X dXL f gY N T
dt D dt c

μ ρρ ρ+ + =i T−     (2-57) 

where Y denotes the deviation of the center of mass from the balance position as 

shown in Fig. 2.1, and Y actually is the periodic function of X.  With the Y term in, 

the meaning of the equation is very different, which has a similar mechanism to the 

system shown in Fig. 2.11.  In this system, X presents the path of the ball.  The 

driving force needs to do much less work to make the system startup if the gravity 

effect is included.  In other words, if the gravity is included, the system is more 

unstable as shown in Fig. 2.12, i.e., it is easier to stimulate the oscillation. With more 

bubbles in the CLOHP, the gravity effect can be reduced.  The bubble number is also 

one factor for system inst ting mode can definitely ability.  Hence, the bottom-hea
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increase the heat transfer performance of CLOHPs.  From Fig. 2.13, it is also noticed 

that the gravity can also decrease the temperature drop between the evaporator and 

condenser. 

 

Fig. 2.11 Gravity effect 

 

Fig. 2.12, u vs. time, 200W, Top=60°C 
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Fig. 2.13 Tsat vs. time, 200W, Top=60°C 

 

 

2.3 Conclusions 

The theoretical model revealed that in the multi-degree vibration of vapor 

bubbles and liquid plugs in the OHP, vapor bubbles played as linear springs.  With 

continuous volume varying of liquid plugs and vapor bubbles, the system vibration 

mode shifts smoothly.  Both bubble number and gravity affect the system stability.  

However, the bubble number in the evaporator, which determines the average liquid 
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plug velocity, can be replaced by the turn number. In this way, it is better to explain 

the turn number effect in a CLOHP.  As the turn number increases, the temperature 

drop between the evaporator and condenser decreases.  The model presented herein 

can be used to predict the heat transfer performance of a CLOHP.  The model can be 

used to predict the percentage of sensible heat over the total heat, which depending on 

the operating temperature and input heat.  The gravitational force can help to 

enhance the heat transfer performance of CLOHPs.   



CHAPTER 3 HEAT TRANSFER ANALYSIS IN AN OHP 

3.1 Heat transfer in the evaporator 

When heat is added on the evaporator of the OHP, the heat is transferred through 

the heat pipe wall and reaches liquid-vapor interface formed between the vapor 

bubble and liquid plugs. In order to increase the evaporating heat transfer, porous 

wicks such as sintered particles are added to the tube wall, the temperature drop 

would be reduced dramatically comparing with smooth wall. Clearly, thin film 

evaporation does occur in the evaporator of an OHP 

3.1.1 Thin film evaporation 

3.1.1.1 Theoretical analysis 

 

 
Fig. 3.1:  Liquid film on a flat surface with the non-evaporating (I), evaporating thin film (II), and meniscus (III) 

regions.   
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For a typical thin film region, as shown in Fig. 3.1, it consists of the 

non-evaporating film region (Region I), evaporating thin film region (Region II) and 

meniscus region (Region III). The previous investigation [42] shows that when heat is 

added on the thin film regions, most of the heat transfers through the evaporating thin 

film region.  In order to develop the equations governing the fluid flow and heat 

transfer in the evaporating thin film region, a control volume shown in Fig. 3.1 is 

taken, and the following assumptions are made, i.e., 1) the temperature on the wall is 

uniform equal to Tw;, 2) the interfacial waves on the fluid flow in the thin film region 

are neglected; 3) the physical properties are constant at a given temperature; 4) the 

pressure jump across the liquid-vapor interface is calculated by the Laplace-Young 

equation; and 5) the disjoining pressure is determined by 3d
Ap
δ

=  where A is 

Hamaker’s constant.  For the control volume shown in Fig. 3.1, the pressure in the 

liquid film can be found as: 

                           3R
Ap P Kσ
δ

= − −                          (3-1) 

where PR is the reference pressure, δ is the film thickness, and σ is the surface tension. 

The meniscus curvature, K, can be directly related to the film thickness by: 

                    

2

2

3/ 22

1

d
dxK
d
dx

δ

δ
=
⎡ ⎤⎛ ⎞+⎢ ⎥⎜ ⎟

⎝ ⎠⎢ ⎥⎣ ⎦

                           (3-2) 

Based on the order analysis, the momentum equation for the control volume in the 

thin film evaporating region can be written as: 
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2 2

4 2

3
l l l l

u u A K uu
t x x x x

δρ ρ σ μ μ
δ

∂ ∂ ∂ ∂ ∂ ∂
+ = − + + +

∂ ∂ ∂ ∂ ∂ ∂ 2

u
y

       (3-3) 

If the flow is steady and laminar, Eq. (3-3) becomes: 

               
2 2

4 2

3
2

l
l l

u A K u 2

2

u
x x x x

ρ δ σ μ μ
δ

∂ ∂ ∂ ∂
= − + + +

∂ ∂ ∂ ∂ y
∂
∂

            (3-4) 

Integrating Eq. (3-3) in the y-direction from zero to the film thickness results in: 

   
2 2

2
4 2

0 0 0 0

3
2

l
l l

A Ku dy dy dy udy dy
x x x x

δ δ δρ δ σ μ μ
δ

∂ ∂⎛ ⎞ ⎛ ⎞∂ ∂ ∂ ∂
= − + + +⎜ ⎟ ⎜ ⎟∂ ∂ ∂ ∂⎝ ⎠ ⎝ ⎠

∫ ∫ ∫ ∫ 2
0

u
y
∂
∂∫   (3-5) 

Assuming that the velocity, u, in the y direction could be expressed as u u u′= + , 

where u  is the mean velocity and  is the fluctuating velocity, it can be found that: 'u

0

udy u
δ

δ=∫  
and .  Hence, Eq. (3-5) could be expressed as: 

0
0u dy

δ
′ =∫

        
2

2 '2
4 2

0 0

3
2

l
l l

A K uu u dy u
x x x x y

δδρ δ δδ δ σ δ μ
δ

⎛ ⎞∂ ∂ ∂ ∂
+ = − + + +⎜ ⎟∂ ∂ ∂ ∂⎝ ⎠
∫ μ ∂

∂
    (3-6) 

where  could be ignored and 2

0
u dy

δ
′∫

0 0
l l

u
y y

δ

μ μ u∂ ∂
= −

∂ ∂
  due to free flow at the 

liquid-vapor interface.  Therefore, Eq. (3-6) can be reduced to: 

         ( )
2

2
4

0

3
2

l
l l

A K uu 2

u
x x x x

ρ δ δδ δ σ δ μ μ
δ

∂ ∂ ∂ ∂
= − + + +

∂ ∂ ∂ ∂ y
∂
∂

          (3-7) 

The mass flow rate across the thin film region is determined by: 

                        lm uρ δ=                                (3-8) 

Evaporation along the interface between liquid and vapor results in a change in 

mass flow rate in the x-direction based on the superheat and film thickness: 

                         
" (l w lv

lv lv

k T Tm q
x h h δ

−∂
= =

∂
)                     (3-9) 
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The shear stress along the wall surface can be expressed as: 

                         ( )
0

Re
8

l
w l

f uu
y

μ
τ μ

δ
⋅∂

= =
∂

                (3-10) 

Here it is noticed that the velocity u  should be negative.  To help simplify the 

equations, assume that u  is positive and then replace it in Eqs. (3-8) and (3-10) by 

u− .  Combining Eq. (3-7) with Eqs. (3-8) and (3-10), the governing equation 

becomes: 

            4

( Re)3 1
2 8

l

l

lf uA K mmu
x x x x

μ μδ δ σ δ
δ ρ

⎛ ⎞∂ ∂ ∂ ∂
− + + =⎜ ⎟∂ ∂ ∂ ∂⎝ ⎠ δ

       (3-11) 

Based on Eqs. (3-8) and (3-9), Eq. (3-11) can be expressed as: 

         4 2

( ) ( Re)3 1
2 8

l l w lv l

l lv l

k T T f mA K mu
x x x h

μ μδ δ σ δ
δ ρ δ

⎛ ⎞−∂ ∂ ∂
− + + =⎜ ⎟∂ ∂ ∂ ⎝ ⎠ ρ δ

    (3-12) 

From Eqs. (3-8) and (3-9), it could be also obtained that: 

                         ( )
2

l w lv

l lv

k T Tu u
x h x

δ
ρ δ δ

−∂ ∂
= −

∂ ∂
                  (3-13) 

The interface temperature shown in Eq. (3-13) is determined by integrating the 

Clausius-Clapyron equation and is represented as follows: 

                        1lv v
v lv

pT T
hρ

⎛ Δ
= +⎜

⎝ ⎠

⎞
⎟                         (3-14) 

where 3

Ap Kσ
δ

Δ = + . 

In order to solve the governing equations presented above, appropriate boundary 

conditions must be determined.  The calculation starts from the non-evaporation 

region where the boundary conditions satisfy:  
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       (3-15) 

It is noticed that the boundary condition of 
x
δ∂
∂

 is not given.  If it is assumed 

that 
x
δ∂
∂

=0, then all of the equations should represent the non-evaporation region and 

there is no change for each variable solved.  On the other hand, in the evaporating 

region, the boundary condition for 
x
δ∂
∂

 should be positive i.e. 0
x
δ∂
>

∂
, and it should 

be determined by the superheat, Tw-Tlv, or heat load and the contact angle.   

To solve all of the governing equations, a 4th order Runge-Kutta method was 

implemented.  If ( )
3

1.5 1
2

l l w lv

l lv

k T TAF K mu
h

μ
σ δ

δ ρ δ
−⎛ ⎞= − + + +⎜ ⎟
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, and G

x
δ∂
=

∂
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governing equations become: 
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                           ( )3/ 221G K G
x

∂
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∂
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                          G
x
δ∂
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∂
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At node nx , the values of nF , , nm nu , nδ , ,  and  are known.  By nG nK ,lv nT
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the five first order PDEs above, 1nF + , 1nm + nm , 1nu + , 1nδ +  and  were obtained.  

 In order to determine the two unknowns (

1nG +

1nK +  and ,lv nT 1+ ),   the  following 

expression for F is described in discrete form as.: 

( )
           , 1

1 1 13

1.5 lv nl
n n n

n l lv n
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+ + += − +1 1

1 1
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   (3-21) 

The numerical form for Eq. (3-15) can be written as: 

                        
1 3

1
, 1lv n+ 1vT T

n
n

v lv

AK

h
δ

ρ

+
+

σ⎡ ⎤+⎢ ⎥
⎢                 (3-22) ⎥= +
⎢ ⎥
⎢ ⎥⎣ ⎦

Solving these two equations, the two unknown values could be obtained by: 
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where 
1

l l
T

l lv n

kC
h
μ

ρ δ +

= . 

 

3.1.1.2 Results and Discussion 

Unless stated otherwise, the physical properties for each of the studies below 

were based on the saturated water and vapor at 305 K.  The gradient of the film 

thickness with respect to location at the non-evaporating region, G0, is determined 

with the program by assuming there is no curvature in the bulk region (disjoining 

pressure less than 0.01 Pa), i.e. K=0.  In order to verify the prediction by the current 

model, the prediction by the current model is compared with previous models [43].   
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As shown in Eq. (3-3), when the terms related to the inertial force are not considered, 

the current model is similar to the models presented by Demsky and Ma [43] and the 

results agree well with the prediction by Desmky and Ma [43].   

Figure 3.2 illustrates the variation of the temperature at the liquid-vapor interface 

for various superheats.  In the non-evaporating thin film region, the interfacial 

thermal resistance is so large that the temperature at the liquid-vapor interface equal to 

the wall temperature, and no evaporation occurs in this region.  As the location 

approaches the bulk region, the interfacial thermal resistance reduces and the 

temperature at the liquid-vapor interface decreases significantly in the evaporating 

thin film region and becomes close to the vapor temperature in the meniscus region if 

the curvature in the meniscus region is small.  Figure 3.3 shows the superheat effect 

on the liquid film profile in the evaporating thin film region.  As shown, when the 

superheat increases, the liquid film thickness in the evaporating thin film region 

significantly increases as the location approaches the bulk region.  In other words, 

the contact angle significantly increases as the superheat increases. However, the 

non-evaporating film thickness becomes thinner and the interfacial thermal resistance 

at the non-evaporating film region increases as the superheat increases.  Figure 3.4 

displays the superheat effect on the heat transfer rate through the evaporating thin film 

region.   When the superheat increases, the heat transfer rate through the 

evaporating thin film region, as shown in Fig. 3.4, significantly increases. At a 

superheat of 1 K, the heat transport peaks at roughly 8.5e5 W/m2.  Because of these 
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high values it is a goal to increase this thin film evaporating region.  As shown in Fig. 

3.4, heat flux drastically drops off at a location where the film thickness is increased.  

It is also important to notice the large increase in heat flux due to an increase in wall 

superheat. 
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Fig. 3.2:  Superheat effect on the liquid-vapor interface temperature. 
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Fig. 3.3: Superheat effect on the liquid film thickness 

 

Fig. 3.4:   Superheat effect on the heat flux distribution  
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Fig. 3.5: Superheat effect on the mass flow rate. 

The model can be used to predict the mass flow rate shown in Fig. 3.5 and the average 

velocity shown in Fig. 3.6.   While the mass flow rate increases as the location 

approaches to the meniscus region, there exists a maximum average velocity in the 

evaporating thin film region. And it can be found that for a given superheat, the 

location where the maximum average velocity exists is different from that where the 

maximum heat flux exists.  For example, at a superheat of 1.0 K, while the 

maximum average velocity occurs at x=1.35e-0.5 m, the maximum heat flux occurs at 

x=8.34e-0.6 m. Figure 3.7 shows the superheat effect on the curvature of liquid-vapor 

interface.  As shown, there exists a maximum curvature for a given superheat.  The 

location for the peak value of curvature is also different from that for the peak value 
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of heat flux through the thin film region.  
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Fig. 3.6: Superheat effect on the average velocity 

 

Fig. 3.7:  Superheat effect on the curvature 
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3.1.2 Application of thin film evaporation in rectangular micro 

grooves 

 Micro heat pipes utilizing axial grooves as the wicking structure have become 

widely used in many industries as an efficient means of heat transport.  Their usages 

range from electronics cooling to thermal control of spacecrafts.  Heat pipes are a 

passive phase change heat transfer devices that use a wicking structure to supply the 

evaporator with fluid and also to create more thin film evaporating regions.  Previous 

studies have shown that large increases in heat transport can be achieved by 

increasing the thin film evaporating region.  The thin film evaporating region is an 

extended meniscus beyond the apparent contact line at a liquid/solid interface.   The 

thin film is formed from surface tension and disjoining pressure effects at the solid 

and liquid interface.  The fluid flow and evaporation in the thin film region is caused 

by disjoining pressure and surface tension of the working fluid.  Heat transfer also 

occurs in the bulk fluid region of the axial groove by conduction.  Combining heat 

transfer in both the thin film region and the bulk region will lead to a more complete 

model.  This model can then be used to more accurately model heat transfer in a 

grooved heat pipe and allow for better optimization of the wicking structures in 

existing heat pipes. 

3.1.2.1 Bulk region 

In order to determine the heat transfer through the bulk fluid region, the 
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temperature distribution must be calculated.  The temperature distribution in the bulk 

region can be determined by the following two-dimensional steady state energy 

equation: 

       
2 2

2 2 0T T
x y

∂ ∂
+ =

∂ ∂
        (3-24) 

The wall material is assumed to have a relatively high thermal conductivity and 

the small dimension of the groove makes it reasonable to assume a constant wall 

temperature.  Therefore, the boundary conditions associated with this problem are: 

       wT T at x W= = ±  

       0wT T at y= =        (3-25) 

        *
lvT T at y H= =

where the liquid-vapor interface temperature is equal to the vapor temperature for the 

bulk region and  is the height of interface and can be calculated based on the 

geometry given in Fig. 3.8 and the assumption of a circular meniscus: 

*H

      ( )* cos coseH H r β θ= − −      

 (3-26) 
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 (3-27) 

To simplify and make the governing equation more universal, non-dimensional 

variables are defined as follows: 

        w

w l

T T
T T

φ
v

−
=

−
, 
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/x Wη = ,       

 (3-28) 

/y Hς =  

/K W H= , 

Substituting the non-dimensional variables into Eq.(3-24) and the boundary 

conditions given by Eq.(3-25), Eq. (3-24) is converted to: 

       
2 2

2
2 2 0Kφ φ

η ς
∂ ∂

+ =
∂ ∂

      

 (3-29) 

       0 1at or 0φ η ς= = ± =  

       *1 atφ ς ς= = , 

where . * * /H Hς =

Using separation of variables method the general solution to problem can be 

solved as: 
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 (3-30) 

Applying the boundary condition: *ς ς=  results in the following solution:  

*

1

2 1 2 1cos sinh 1
2 2n

n

n nC
K

φ πη
∞

=

− −⎛ ⎞ ⎛= =⎜ ⎟ ⎜
⎝ ⎠ ⎝

∑ πς ⎞
⎟
⎠

  

 (3-31) 

In order to solve for the constant Cn in a power series, the Galerkin method was used 

as follows: 
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 (3-32) 
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 (3-34) 

Once the temperature distribution is determined by the Galerkin method, the heat flux 

on the leftl, right and bottom surface can be determined by:       
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Basing on equations above, the heat flux per meter of bulk liquid region at the 

evaporator can be obtained as 

total l r bq q q′ ′ ′ ′= + +       (3-40) 

where 
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3.1.2.2 Results 

3.1.2.2.1 Error Analysis 

To determine the error of the Galerkin approximation method, the error function 

is defined as: 
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 (3-43) 

where n denotes the number of terms used in the Galerkin approximation.  The error 

was determined for three cases in which the term number is equal to 3, 4, or 5,..  
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Figure 3.9 shows non-dimensionless temperatures of the Galerkin approximation 

using 3, 4 or 5 terms.  The non-dimensional value at the meniscus was determined to 

be one, and it is clearly shown that five terms results in the best approximation among 

three cases.  ne  for the three cases were calculated to be 15.8 %, 34.1 %, and 10%, 

respectively.  The results show that more terms do not necessarily mean a better 

approximation for the solution, however, five terms resulted in the best approximation 

with a 10 % error.  The calculated error is at the meniscus which is much greater 

than the error from the rest of the bulk region. 

 

3.1.2.2.2 Solution 

A Fortran code was developed to solve the governing equations for the thin film 

region using a fourth order Runge-Kutta method.  A numerical method was 

implemented to calculate the temperature at the liquid-vapor interface.  The length of 

the thin film evaporating region was determined by the calculated film thickness.  It 

was assumed that as the film thickness becomes larger than 2 μm (i.e. 2 mδ μ≥ ) or 

when the disjoining pressure is approximately equal to 0.01 Pa,  the thin film 

governing equations are no longer valid and the liquid film was considered as the bulk 

fluid.   Constant fluid properties for water at a temperature of 305 K were used for 

the calculation. 

The solution to the governing equation for heat transfer through the bulk region 

was determined by implementing the Galerkin method as stated.  A Fortran code was 
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created to numerically integrate the matrix terms and calculate the power series 

constants.  The contour plot for a given groove geometry is shown in Fig. 3.10 for a 

superheat of 1 K.  The heat transfer rate was then calculated by Eqs. (1.28) and (1.29) 

using a given groove dimension.  The rectangular groove width and height were set 

at 0.08 mm (i.e. W=0.04 mm) and 0.146 mm, respectively.   The values for the 

contact angle and wall superheat were varied from 0o to 60 o and 0.5 K to 5 K, 

respectively, in both the thin film and bulk heat transfer calculations.  The effects of 

these two parameters on the heat transfer rate through of the thin film and bulk 

regions were investigated.  

Figure 3.11 shows the heat transfer contributions of each region along with total 

heat transfer per longitudinal length along the groove for various wall superheats.  

For this case contact angle between the liquid and the surface was set to 0o.  As 

shown, there is a larger increase in the thin film heat transfer per unit length for 

increasing wall superheat than for the bulk region heat transfer, which appears to have 

a linear relationship.  On the other hand, the effect of increasing contact angle on 

both heat transfer regions seems to have a similar effect as shown in Fig. 3.12.  Both 

contributions to heat transfer decrease as the contact angle is increased.  For the thin 

film region, this decrease is because a larger contact angle results in a smaller thin 

film region area.  As the contact angle was increased from 0o to 60 o, the length 

before the film thickness reaches 2 μm is reduced from 30.8 μm to 25.3 μm, 

respectively.  The contact angles effect on the bulk region heat transfer is due to a 
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larger amount of fluid in the groove which increases the thermal resistance through 

this area. 

To evaluate the overall effectiveness for the rectangular micro groove given 

various wall superheats and contact angles, the heat transfer coefficient was calculated 

for the groove.  Figures 3.13 and 3.14 display the total heat transfer coefficient for 

the combined regions for different values of wall superheat and contact angle, 

respectively.  As can be seen, the heat transfer coefficient decreases for both 

increasing wall superheat and contact angle.  This makes sense considering the heat 

flux per length for both regions were decreased as the contact angle was increased. 

 

One of the goals of this investigation was to determine the contribution of both 

the thin film and bulk region heat transfer to the overall heat transfer.  In order to 

determine this, the ratio of the thin film heat transfer to the overall heat transfer was 

plotted in Fig 3.15 and 3.16 for various wall superheats and contact angles, 

respectively.  For an increase in wall superheat, the contribution of thin film heat 

transfer reduces from 84 % to 77 % while increasing wall superheat from 0.5 K to 5 K.  

In contrast, an increase in contact angle increases the amount of heat transfer in the 

thin film evaporating region with respect to the bulk region.  This is because the 

relative drop in thin film heat transfer is far less than that for bulk region.  The key is 

to reduce the contact angle in order to extend the length of the thin film region and 

reduce the thermal resistance through the bulk region. 
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The investigation presented herein has resulted in a model that determines the 

heat transfer through both the thin film and bulk regions of a fluid in a rectangular 

micro groove.  The model has shown that for a given contact angle and wall 

superheat, the contribution of the heat transfer through the bulk region can be as high 

as 23 % of the total heat transfer.  It also is shown that the heat transfer contribution 

for the two regions varies for different contact angles and wall superheats.  This 

model would be a good tool to optimize groove dimensions to obtain a high level of 

heat transport through both regions. 
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Fig. 3.8.  Schematic of the groove and liquid meniscus in the evaporator (a) and the thin film region (b). 
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Fig. 3.9. Non-dimensional temperature at the meniscus using increasing number of terms in the Galerkin method. 

 

Fig. 3.10.  Temperature distribution in the bulk region for a given groove geometry and a superheat of 1 K.  
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Fig. 3.11.  Heat transfer per unit length versus wall superheat for both regions. 
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Fig. 3.12.  Heat transfer per unit length versus contact angle for both regions. 
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Fig. 3.13.  Total heat transfer coefficient versus wall superheat for both regions. 
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Fig. 3.14.  Total heat transfer coefficient versus contact angle for both regions. 
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Fig. 3.15.  Ratio of heat transfer in thin film region to total heat transfer versus wall superheat. 
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Fig. 3.16.  Ratio of heat transfer in thin film region to total heat transfer versus contact angle. 
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3.1.3 Pulsating motion effect 

From the discussion above about the heat transfer coefficient for convection 

boiling, one may have a question whether it is still valid for two-phase flow with 

pulsating motion.  As introduced in Chapter 1, even for single-phase flow the 

problem how pulsation affect heat transfer is still not understood completely, no 

matter what regime the flow is (laminar or turbulent).  For the OHP, the liquid slug 

flow could assume to be laminar or slug flow because the tube diameter is relatively 

small where surface tension has much more significant influence on the motion.  The 

classical research of Wormley [44] and Uchida [45] has presented the exact solutions 

of the laminar pulsating flow field.  The corresponding heat transfer problem has 

also been paid much attention and many research results have been presented in 

recent years.  Some of the earliest research [46] demonstrated that the pulsating flow 

could enhance the heat transfer in a pipe.  However some contradictive results were 

also obtained from the following research.  For example, Zhao and Cheng [47], and  

Yu et al.. [48] found that the pulsating flow in a circular flow with a 

constant-heat-flux boundary condition has no effect on the convection heat transfer, 

basing on the analytical solution and numerical results they obtained.   

Moschandreou and Zamir [49] presented there exist a peak value of frequency for a 

pulsating flow, with a dimensionless value of 15, whereby the enhancement of heat 

transfer could be obtained, comparing with steady flow.  When the dimensionless 
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frequency is smaller than 5 or bigger than 25, the pulsating flow would have negative 

effect on the heat transfer enhancement.  However Hemida et al.[50] stated that the 

analytical solution obtained by Moschandreou and Zamir [49] was not correct.  With 

their corrected solution, the effect of pulsation in the fully developed region was 

negligible.  And in the thermally developing region, the heat transfer was more 

sensitive to the pulsation, but the spatial average Nusselt number presented negative 

effect.  One interesting topic in their research was that they believed due to the linear 

boundary conditions applied in most of the published results there should be no 

enhancement of heat transfer by the pulsating flow, unless non-linear boundary 

conditions, e.g. radiation and natural convection, was combined with pulsating flow. 

To simplify the problem and focus on how the oscillatory motion affects the heat 

transfer, assumption of sinusoidal slug flow in a circular tube was made.  With this 

assumption, the velocity in the tube is function only with respect to time and could be 

expressed as: 

( )1 cosmu u tγ ω= +         (3-44) 

The energy equation is: 

      
1T T Tu

t x r r r
α∂ ∂ ∂ ∂⎛+ = ⎜∂ ∂ ∂ ∂⎝ ⎠

r ⎞
⎟       (3-45) 

Boundary and initial conditions are: 

       0r = , 0T
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∂
=

∂
        (3-46) 

       0r r= , w
Tk
r

q∂ ′′− =
∂

      

 (3-47) 
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       0x = , 0t = , 0T T=       

 (3-48) 

Equation (3-46) indicates that the flow comes into the tube with uniform 

temperature at the entrance.  The dimensionless variables are defined as: *
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With these dimensionless variables, Eqs. (3-44) and (3-45) become: 

        * 1 cosu * *tγ ω= +       (3-49) 

*
* * * *

1Pr u
t x r r r

*
*rθ θ θ∂ ∂ ∂ ∂⎛+ = ⎜∂ ∂ ∂ ∂⎝ ⎠
⎞
⎟    

 (3-50) 

The boundary and initial conditions become: 

        * 0,r =  * 0
r
θ∂
=

∂
       (3-51)

        * 1,r =  * 1
r
θ∂
=

∂
      

 (3-52) 

        * 0,x =  * 0t = , 0θ =     (3-53) 

For the fully developed flow, it can be assumed that: 

 [49]. Hence Eq. (3-50) could be divided into two 

equations: 

( ) ( ) (* * * * * * *, , , ,s tr x t r x r tθ θ θ= + )
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(3-54) 
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 (3-55) 

The solution of Eq. (3-54) is: 

        * *212
2s x r constθ = + +     

 (3-56) 

If assuming that at the center of the inlet, 0sθ =  ( 0T T= ),  the constant in Eq. 

(3-56) could be zero. 

If ( ) ( ) ( ) ( )* * * * *,t r t A t B r C tθ = + ,  Eq. (3-55) becomes: 
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 (3-57) 

The solution of Eq. (3-57) can be expressed as: 

     ( ) ( ) (* *
0 *

0

2exp / Pr sin
Prt n n n

n

c J r t tγθ λ λ
ω

∞

=

−
= − +∑ )* *ω  (3-58) 

where nλ  is the eigenvalue of the first kind of Bessel function of order 1.  It is 

noticed that when n=0, 0nλ = .   

At the inlet, the following condition is satisfied: 0s tθ θ θ= + =  when * 0t = .  

Basing on this condition, the constant could be obtained and the final expression of 

tθ  can be written as: 
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The time-dependent local Nusselt number is defined as: 
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where: 
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 (3-63) 

It is noticed that the first term in Eq. (3-62) will eliminate with time.  It means the 

time-dependent local Nusselt number would reach to a constant when the system 

comes to a steady state.  And it is also noticed that for any period velocity 

function (
1

1 cos sinm n n
n

u u a t b tω ω
∞

=

⎡ ⎤= + +⎢ ⎥⎣ ⎦
∑ , the same conclusion will be drawn.  

The conclusion indicated that the pulsating flow has no effect on the convection heat 

transfer of single-phase slug flow.  It is also reasonable if extending it to the case of 

 72



two-phase convection boiling in the evaporator of OHP.   

3.2 Heat transfer in the condenser 

The vapor generated in the evaporating section is condensed in the condensing 

section if the phase-change driving force exists, and the condensate in the thin film 

region will flow into the liquid-slug region due to the capillary force.  Because the 

film thickness in the condensing film region is very thin compared with the meniscus 

thickness in the liquid slug, most of the condensing heat transfer will occur in the thin 

film region.  In this region, the Reynolds number of the condensate is very small, 

hence the inertial terms can be neglected and based on conservation of momentum in 

the thin film, the pressure drop due to the viscous flow can be found as: 

       3

Re
2

l l

i l fg

dp f D q s
ds D h

δ o cμ
δ ρ

′′⋅
=

     (3-64)
 

where 

        ,Re l c l
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 (3-65)
 

By integrating Eq. (3-56) from s=0 to (half of the length of vapor in the 

condenser), the total pressure drop along half of the bubble length can be found as: 

, / 2c vL

      , / 2

30

Re
2

c vL l o c
l

i l fg

f D qp sds
D h
δ μ

δ ρ
⎛ ⎞′′⋅

Δ = ⎜ ⎟⎜ ⎟
⎝

∫
⎠     

 (3-66)
 

There exist numerous vapor slugs in the OHP including the condensing section.  
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Although the vapor slug distributions, i.e., vapor bubble number, in the OHP was 

unpredictable, the total vapor space was remained constant for a given liquid filled 

ratio, φ , which is defined as: 

         lV
V

φ =
       

 (3-67)
 

where  is the volume occupied by liquid, and V is the total volume throughout the 

heat pipe.   It is assumed that all of the vapor slugs in the condensing region are 

combined into one large slug with condensation occurring on its perimeter.  

Assuming a uniform distribution of vapor throughout the entire length of the heat 

pipe, the length of the idealized single vapor slug in the condenser may be found by: 

lV

        ( ), 1c v cL L φ= −       

 (3-68) 

The capillary pressure along the condensate film can be found as: 

        2cdp dK
ds ds

σ=       

 (3-69) 

Integrating Eq. (3-61) from K=1/ro to K=1/rc, the total capillary pressure can be found 

as: 
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1 12c
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⎟      

 (3-70) 
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where is the meniscus radius of the liquid-vapor interface at the line of symmetry, 

i.e., at s=0, and rc is the meniscus radius of the liquid-vapor interface at the liquid 

slug, i.e., at s=Lc,v,  which can be found by: 

or

        (0
1 2
2 ir D )0δ= −       

 (3-71) 

and 

        ( ),0.5
1 2
2 c vc i Lr D δ= −      

 (3-72) 

respectively.  Considering Eqs. (3-63) and (3-64), the total capillary pressure can be 

rewritten as: 
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 (3-73) 

For the steady-state condensation process of the thin film, the capillary pressure 

defined by Eq. (3-65) should be equal to the pressure drop determined by Eq. (3-58).  

With a given heat flux level, i.e., , Eqs. (3-58) and (3-65) can be readily solved and 

the condensation film thickness determined. 

"
cq

 

3.3 Conclusions 

 In this chapter, the thin film evaporation and condensation in an OHP are studied 

respectively.  The pulsating motion of liquid, which is related to the convection heat 
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transfer in the OHP is also analyzed.  A modified theoretical model of thin film 

evaporation involving the momentum effect is presented, and the results showed that 

fluid momentum in the thin film region  has almost no effect on  the thin film 

profile and thin film evaporation.  By applying this model to the evaporation heat 

transfer in a groove, where liquid-vapor interface is divided into two sub-region, i.e.: 

thin film and bulk region, the heat transfer rate through the thin film region and bulk 

region can be determined respectively and it is found that the heat transfer rate though 

thin film region is much higher than that through bulk region.   Based on laminar 

flow of single phase, the pulsating flow effect on the convection heat transfer 

occurring in the OHP was studied and found that the pulsating flow cannot enhance 

the convection heat transfer for a single phase flow. Because the pulsating flow and its 

coupled heat transfer occurring in an OHP are much more complicated, the analysis 

conducted herein by using a single phase flow may not apply for the heat transfer and 

fluid flow phenomena occurring in an OHP. Clearly, it is necessary to conduct further 

investigation on this topic.  



CHAPTER 4 OTHER FACTORS AFFECTING HEAT 

TRANSFER ENHANCEMENT IN AN OHP 

 

4.1 Charging process effect on the non-condensable gas in the heat 

pipe 

The non-condensable gas in a heat pipe will significantly affect the heat transfer 

performance.   In order to prevent the non-condensable gas from the heat pipe, a 

number of charging methods have been developed such as the backing-filling, heating 

and condensation.  These methods can be used to successfully charge various heat 

pipes.   In the mass production, however, these methods may not be the best 

methods to charge the heat pipe.    One approach to charge the heat pipe in the mass 

production is that after a pre-calculated amount of working fluid is charged to the heat 

pipe, the vacuum pump connecting to the heat pipe is on and off several times to 

vacuum the non-condensable gas.  The on-time and off-time will directly affect the 

amount of non-condensable gas left in the heat pipe. 

4.1.1 Mathematical model 

After a pre-calculated amount of working fluid is charged into the heat pipe, the 

heat pipe is connected to the vacuum system as shown in Fig. 4.1.  The charging 

tube has a length of L with an inside diameter of di ranging from 0.5 mm to 2.0 mm. 
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The vacuum pump can provide a vacuum pressure (absolute pressure) pvac. Once the 

valve connecting the vacuum pump and the charging tube is on, the low pressure 

generated by the vacuum pump will pump air out from the heat pipe. The flow rate 

can be expressed as: 

           ( ) 4
2/ / 4

128
vac

m

p p D
dm d u D

L
π

τ ρ π
ν

−
= =                      (4-1) 

 

 

Fig. 4.1 Illustration of Mathematical Model 

When the pressure in the heat pipe is lower than the saturation pressure 

corresponding to the saturation temperature, liquid vaporizes.  When the heat pipe is 

connected to a vacuum pump, vapor is pumped out.  Due to the liquid vaporization 

and the vapor mass loss from the heat pipe through the thin charging tubing, the heat 

pipe becomes colder than the ambient temperature. Continuous vaporization and mass 

, ,vT c VρVapor,  

 

vacp  Vaporization  

Liquid 

T∞  

, ,hp hp hp hpT c VρShell,  Convection 
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loss need the heat transferred from the ambient to the heat pipe. As shown in Fig. 4.1, 

when heat is transferred from the ambient to the shell by natural convection, the heat 

transfers through the shell and wick to the liquid in the wick where liquid vaporizes 

and becomes vapor. 

Take the whole vapor in the heat pipe as the control volume, which is an open 

system with mass flow out through the charging tubing and mass flow in through the 

interface of vapor and liquid. The mass change rate in the heat pipe can be expressed 

as:  

     /
fg

d Qdm d V
d h
ρτ
τ

= − +                      (4-2) 

where V is the total vapor volume of heat pipe, ρ is the gas (vapor plus air) density, 

and Q is latent heat of the liquid.  

Considering the heat transfer from ambient, taking the heat pipe shell including 

the wick as a control volume, heat transfer from outside and in, natural convection on 

both sides, the following equation could be obtained: 

               , ,( ) ( ) hp
o s o hp i s i hp hp hp hp

dT
h A T T h A T T c V

d
ρ

τ∞ − − − =        (4-3) 

where T presents the temperature of the liquid in the heat pipe, which equals to the 

temperature of vapor in the heat pipe. 

Basing on this equation, the heat transferred from the shell and wick to the liquid 

could also be figured out, and the heat which liquid evaporation needs could be 

expressed as: 
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               , ( )i s i hp l l
dTQ h A T T c m
dτ

= − −                    (4-4) 

Then considering the open system of vapor in the heat pipe, the energy balance 

shows that: 

                ,0 enthalpy out out enthalpy in indE h m h m,= + −                (4-5) 

Here assuming that there is no heat transfer between the vapor and liquid, all of 

the heat transferred into the liquid is used for evaporation. Replacing the terms with 

detail expression, Eq. (4-5) could be also written as: 

                ,0 v p p l
fg

dT dm Qc V c T c T
d d

ρ
τ τ

= + −
h

                (4-6) 

It is noticed that the vapor in the heat pipe is the mixture of water vapor and 

non-condensed gas. In the vacuuming process, the percentage of non-condensed gas 

will decrease due to the liquid evaporation. Introduce a time-dependence variable x, 

presenting the mass percentage of non-condensed gas, into the system. The following 

expression of mass change rate of non-condensed gas could be obtained: 

                     ( ) ( )d xm d x
V

d d
ρ

τ τ
= −                      (4-7) 

Combining with Eq. (4-2), the following equation could be obtained: 

                       
fg

dx x Q
d m V hτ ρ

= −
+

                    (4-8) 

From Eq. (4-7), it is also could be derived that: 

              
( ) ( ) 00

d x m V
x m V V

d
ρ

ρ ρ
τ
+⎡ ⎤⎣ ⎦ = ⇒ + =              (4-9) 

where 0ρ  is the initial value of vapor density in the heat pipe. 
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Then Eq. (4-8) becomes: 

                   
2

0 fg

dx x Q
d Vτ ρ

= −
h

                           (4-10) 

The gas (vapor plus air) in the heat pipe can be assumed an ideal gas and 

according the law of partial pressure, the total pressure could be expressed as: 

           ( )1air vaporp RT xR x R Tρ ρ ⎡ ⎤= = + −⎣ ⎦                  (4-11)

Similarly, the heat capacities of the vapor mixture are: 
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,                       (4-12)

Due to the continuous evaporation, liquid mss in the heat pipe will keep decreasing, 

such that  in Eq. (4-4) can not be a constant. This time-dependence variable could 

be obtained by Eq. (4-1): 
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Arrange Eq. (4-1~4, 6, 10~13), the governing equations for transient charging are 

obtained: 
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      (4-14)

This group of equations could be solved by 4th order Runge-Kutta method. 
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4.1.2 Results and discussion 

To verify the model, experiments of charging heat pipe are conducted. As shown 

in Fig. 4.2, a 265mm heat pipe with copper shell is tested. The outside diameter of the 

heat pipe is 7.9mm, inner diameter is 6.9mm. Then length of charging tubing is 10cm 

and the inner diameter is 0.762mm. The vacuum pump could offer pressure at 10Pa. 

Three thermal couples are set on the copper shell and one is set at the end of charging 

tubing to measure the vapor temperature. 

 

Copper Heat 
Pipe Vacuum 

Pump 

Tc4 

Charging 
TubingTc3 Tc2 Tc1 

Fig. 4.2 Experimental Setup 

 

In Fig. 4.3, the vapor and shell temperature variation in the experiments are 

separately compared with the predictions of mathematical model. They show that the 

model predictions match the experimental data very well. The difference should be 

mainly caused by the uncertain parameters in the experiments, such as the initial 

non-condensed gas percentage and the heat transfer coefficient in the heat pipe.  
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From the mathematical model, it is noticed that some parameters, such as the heat 

transfer coefficient, initial value of charging liquid mass and non-condensed vapor 

percentage, and charging tubing dimensions, determine the whole charging process of 

heat pipes. 
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(a) Temperature Variation of the Vapor 

 
(b) Temperature Variation of the Heat Pipe Shell 

Fig. 4.3 Comparison of Model Prediction and Experimental Data 
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Generally, the heat transfer coefficient for the interface of ambient air and heat 

pipe could be obtained basing on the operation environment. However, at the interface 

of heat pipe shell and liquid inside, the heat transfer coefficient is not easy to be 

figured out due to the rapid decreasing of liquid temperature. Fig. 4.4 shows how the 

heat transfer coefficient inside affect the temperature drop on the shell and vapor, and 

the vapor density variation. The results show that the heat transfer coefficient has 

obvious effect on the temperature drop of both shell and vapor, but little on the vapor 

density. In fact the temperature drop difference for different heat transfer coefficient is 

very small unless there exists forced convection in the heat pipe when the heat 

transfer coefficient inside has a big value. However, experimental results of the 

temperature drop on the heat pipe shell (Fig. 4.3(b)) indicate that there should no 

forced convection in the heat pipe and heat transfer coefficient decrease with time due 

to the great temperature drop of vapor or liquid. So it could be concluded that in the 

mathematical model the heat transfer coefficient could be taken as a constant 

presenting the natural convection on both interfaces of ambient-shell and shell-liquid. 

It would produce a little inaccuracy of temperature drop of shell and vapor which 

could be ignored however. 

 The effects of initial charging liquid mass on vapor temperature drop, vapor 

density and non-condensed gas percentage are shown in Fig. 4.5. Only the vapor 

temperature at steady state is obviously affected. With more liquid in the heat pipe, 

the temperature drop is smaller. 
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  Fig. 4.6 shows the effect of initial value of non-condensed gas percentage. 

Generally, this parameter will influence all of the variables such as the temperature 

drop, vapor density and non-condensed gas percentage. The most interesting effect 

which may be useful in the technical application is that the non-condensed gas 

percentage variation is determined by its initial value greatly. Combining with the 

density variation, it could be found that when the system comes to the steady state, no 

matter how long vacuuming continues, the reduction of non-condensed gas in the heat 

pipe is very small. 

 Fig. 4.7 and Fig. 4.8 show how the dimensions of charging tubing such as 

diameter and length, affect the charging process. One reasonable conclusion is that the 

dimensions of charging tubing have significant effect on charging speed but little on 

the steady state value of temperature drop, vapor density and non-condensed gas 

percentage. The results also indicate that the effect of diameter is more obvious than 

the tubing length.    

  85



 

 

(a) Shell Temperature Variation with Time at Different h 

 

(b) Vapor Temperature Variation with Time at Different h 
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(c) Vapor Density Variation with Time at Different h 

Fig. 4.4 Effect of Heat Transfer Coefficient Inside 

 

(a) Vapor Temperature Variation with Time at Different ml 
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(b) Vapor Density Variation with Time at Different ml 

 

(c)  Non-condensed gas Percentage Variation with Time at Different ml 

Fig. 4.5 Effect of Initial Value of Charging Liquid Mass 
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(a) Vapor Temperature Variation with Time at Different x 

 

(b) Vapor Density Variation with Time at Different x 
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(c) Non-condensed gas Percentage Variation with Time at Different x 

Fig. 4.6 Effect of Initial Value of Non-condensed gas Percentage 

 

(a) Vapor Density Variation with Time at Different D

  90



 

(b) Vapor Temperature Variation with Time at Different D 

 

(c) Non-condensed gas Percentage Variation with Time at Different D 

Fig. 4.7 Effect of Diameter of Charging Tubing
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(a) Vapor Density Variation with Time at Different L 

 

(b) Non-condensed gas Percentage Variation with Time at Different L 

Fig. 4.8 Effect of Length of Charging Tubing 
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4.2 Property of sintered particle wick 

Sintered particle wick has been widely used in the high heat flux heat pipes 

[51-53]. Researchers have developed a number of theoretical models to determine the 

porosity of sintered particles. This property depends on the particle shape, particle 

size, surface condition, and packing method [54]. The boundary condition and 

metallurgy process could also determine this property. To simplify the problem, many 

researchers [55-58] have only focused on the loose packing spherical particles with 

either one uniform or two different radii.   One typical approach is using the 

high-speed computer and statistical physics to simulate the particle system [56-58]. In 

addition to the porosity, another important parameter for a heat pipe is the minimum 

meniscus radius. While the minimum meniscus radius is directly related to the 

porosity, this property occurring in the sintered particles has not been extensively 

studied.  A number of heat pipe textbooks [52, 53, and 59] have indicated that this 

property for the sintered particles with a uniform size is equal to 0.41r, where r is the 

particle radius. All of these heat pipe textbooks cited the reference written by Ferell 

and Alleavitch [60], who actually did not conduct the investigation, and they cited it 

from Luikov’s work [61].  And Luikov found this value using uniform spherical 

particles and the radius of a circle inscribed among four adjacent particles [61].  

Clearly, it is necessary to conduct an investigation to determine the minimum 

meniscus radius occurring in the sintered particles. 

The current investigation will develop a mathematical model to predict the 
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minimum meniscus radius of sintered particles.  When the system consists of, in 

particular, mixed particles with different radii, it makes the distribution of particles 

very complicated. This paper analyzes the possible structures in the uniform spherical 

particle system to obtain the minimum meniscus radius for this case. Then using this 

information, a mathematical expression of minimum meniscus radius for mixed 

particles is presented.    

When heat is applied to the evaporating region of a heat pipe, the heat will travel 

through the solid wall of the container to reach the working fluid.  Provided that the 

heat pipe has not reached the boiling limit, heat will pass through the sintered 

particles saturated with working fluid and reach the top surface of the working fluid in 

the wick. The heat will then pass through a thin-film region consisting of three 

regions: the non-evaporating thin film region, the evaporating thin film region, and 

the meniscus thin film region [51].   The evaporation in the thin film region makes 

the liquid-vapor interface recede into the sintered particles.  When the heat input in 

the evaporator increases, the liquid-vapor interface will further recede into and make 

the meniscus radius become smaller.  The decrease in the meniscus radius increases 

the capillary pressure to overcome the increase of pressure drop occurring in the flow 

path of working fluid.  When the increase of heat input has resulted in a minimum 

meniscus radius, the heat pipe has reached the capillary limit.  Clearly, the minimum 

meniscus radius is a key in designing a high-heat flux heat pipe.   

If heat is added to the sintered porous medium fabricated from the perfectly 
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spherical particles, the heat is transferred through the sintered particles filled with the 

working fluid, reaching the top surface where the liquid-vapor-solid interface exists.  

There, by utilizing the thin film evaporation, the heat is removed.  In order to avoid 

the boiling limit, the thickness of sintered particles in the evaporating section is very 

thin, in particular, for a high heat flux heat pipe [51].  Clearly, the meniscus radius 

variation occurring in the top layer of sintered particles will be directly related to the 

heat transport through the heat pipe.  And the minimum meniscus radius occurring in 

the top layer of sintered particles will determine the maximum capillary heat transport 

capability of a heat pipe. The minimum meniscus radius is directly related to the 

maximum capillary pressure, i.e., 

                       ,max
,

2
c

c e

p
r
σ

Δ =                         (4-15) 

The minimum meniscus radius, rc,e, in Eq. is defined by 

                     ,

2 gap
c e

gap

A
r

P
=                            (4-16) 

where Agap is the minimum area trapped by particles and Pgap perimeter of the trapped 

area. 
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Fig. 4.9 Structures in the particles layer 

To simplify the problem, two assumptions are made, i.e.: 1) the whole system is 

in a stable state; and 2) the particles are spherical. In the stage of pouring particles, the 

system of these particles (as shown in Fig. 4.9) may be unstable and the properties 

will be different from those in a stable system. During the transition from the unstable 

system to the stable system, symmetric structures need more energy to have a new 

structure because the symmetric structures obtained the maximum energy during the 

pouring process.  In other words, once the symmetric structures during the pouring 

process are formed, it is not easy to be re-structured during the sintering process. 

Based on this assumption, only symmetric structures shown in Fig. 4.10 are formed. 

The second assumption is related to the shape of sintered particles.  When the 
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particles are sintered, they would be combined or “melt” into each other by the 

diffusion and their shapes are not perfectly spherical any more. This might result in 

the variation of relative positions of these particles.   

 

 

Fig. 4.10 Some stable structures 

For a structure to be stable, the following conditions should be satisfied, i.e.： 

                         
1

( 2)
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mx
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Nα π
=

= −∑                    (4-17) 
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M
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α π

=

=∑                        (4-18) 

where Eq. (4-17) comes from one structure and Eq. (4-18) from one particle.  If all 

particles are uniform and have a same radius, it is found that not all of the symmetric 

structures satisfy the requirements shown in Eqs. (4-17) and (4-18), and only the 

triangular, rectangular and hexagonal structures could exist in the system. Therefore, 
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it can be concluded that the sintered particles investigated here consist of only these 

three structures. By viewing from one particle, there would be several structures 

formed around this particle as shown in Fig. 4.11. List all possible arrangements of 

these structures and consider that each group of those structures has the same possibility.  

Then the percentage of each structure could be determined.  Use A, B, C to represent 

triangular, rectangular and hexagonal structure, respectively. Table 4.1 lists all the 

possible groups of structures and the number of arrangements for each group. From 

Table 4.1, it could be found that the percentages for the triangular, rectangular, and 

hexagonal structure is 45%, 28%, and 27%, respectively. Using Eq. (4-16) the 

minimum meniscus radii for these structures can be found as 0.103r, 0.273r and 

0.654r, for the triangular, rectangular, and hexagonal structure, respectively.  The 

average minimum meniscus for the sintered particles with a uniform radius can be 

found by 

      , , ,
,

, , ,

45% 28% 27%
2 0.443

45% 28% 27%
gap A gap B gap C

c e
gap A gap B gap C

A A A
r r

P P P
⋅ + ⋅ + ⋅

= =
⋅ + ⋅ + ⋅

       (4-19) 

where r is the particle radius. The minimum meniscus radius of 0.443r derived here 

agrees well with the one derived by Ferrell and Alleavitch [60], which has been 

accepted by all heat pipe textbooks [52, 53, 59].   
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Fig. 4.11 Angles and structures around on single particle 

 

Table 4.1. Possible groups and arrangements. 

Group 6A 4B 3C 3A+2B 2A+2C 4A+1C 1A+2B+1C Total 
Arrangement 1 1 1 2 2 1 2 10 

 

If the size of sintered particles is not uniform, the method described above 

obviously cannot be used to predict the minimum meniscus radius.  To solve this 

problem, draw a long enough line linking any two particles, as shown in Fig. 4.12. 

The line will pass through all of the possible structures, which could be represented 

by the angles and their relative edges (consisting of the radius of two neighboring 

particles). This can transform the 2-D problem into a 1-D.   

B 
α 

A 

A 

B 
A 
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Fig. 4.12 Lines and angles on the one layer of mixed particles 

 

Considering such a “long enough” line, it could be found that the number of 

particles along it is determined by the structures. More structures need more particles 

to present.  The straight line starts from the center of one particle in one structure 

and ends at the center of one particle in another structure.  The angle θ between the 

long enough line and the center connecting line of the first two particles, as shown in 

Fig. 4.12, is called start angle, which would also influence the number of the particles 

along the long enough line. However, the start angle and structures are individual to 

each other. With the variation of start angle, there exists a minimum number, N0 

particles near the long enough line, which is directly determined by the structures and 

could be used to represent the structures. Hence, the number of particles along a long 
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enough line, function of start angle θ and N0, could be expressed as:  

               ( )0( , )N F N f Nθ θ= = 0                        (4-20) 

In Fig. 4.12 there is another twist line connecting the center of particles which are 

closest to the straight line. As discussed above, this twist line contains all of the 

possible angles and edges of structures with their percentage. It is noticed that there 

are some angles turn the line upward and the others turn the line downward relatively 

to the straight line. Discriminate these two kinds of angles by α1, α2, α3, …, αl-1, αl  

for turning upward, and β1, β2, β3, …, βm-1, βm for turning downward.  

The total length of the straight line can be found as 
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where     
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Considering Eq. (4-20), the length of the straight line could be expressed as 

        ( ) ( ) (2
0 , , / cosi iL f N X R g R N )θ α β θ ϕ⎡ ⎤= +⎣ ⎦∑ +       (4-25) 

where ( , , )g R α β , sum of ( )1N N −  terms, is function of edges and angles. 

Imaging one layer of particles placing on a large rectangle surface and each side long 

enough, the area of the minimum gaps trapped by particles is equal to the difference 
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between the rectangle area and the total area of all of the particles. The total length of 

perimeters of all the minimum gaps trapped by particles in the rectangle is equal to 

the total length of perimeters of all the particles. The minimum meniscus radius can 

be found as 

        
( ) ( )

( ) ( )
2 2

1 2 0
, 2

0

( ) / 2
2 /

( ) / 2
j j

c e gap gap
j j

L L N f f Y r
r A P

N f f Y r

π θ π θ

π θ π θ

− −
= =

−
∑

∑
    (4-26) 

Equation (4-26) can be used to calculate the minimum meniscus radius occurring 

in the sintered particles with different radii. 

   For example, when the sintered particles consist of two kinds of particles with 

diameters of 100 μm and 50 μm, respectively, with these given particle sizes, the total 

length of straight line could be simplified as 

                    ( ) 2
0 i iL kf N X Rθ≈ ∑                   (4-27) 

where the constant k considers the angle effect. Then Eq. (4.26) can be expressed as 
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c e
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−
=
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∑

                   (4-28) 

The constant k can be determined from the sintered particles with the uniform size, which can 

be found as 

                                                (4-29) 2 1.1333k =

Figure 4.13 illustrates the minimum meniscus radius variation for mixed particles 

with diameters of 100 μm and 50 μm. As shown, the predicted minimum meniscus 

radius is smaller to the average one, which has been demonstrated in a heat pipe with 

sintered mixed particles. 
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Fig. 4.13. Minimum meniscus radius predicted by Eq.(4-26) 

4.3 Application of sintered particles wick structure in prediction of 

vapor chamber 

Based on the statistical analysis of particle distribution, a theoretical model 

predicting the effective thickness of sintered wick structure is developed including the 

effect of the wick structure on its thermal resistance.  The model can be used to 

predict the heat flux effect on the thermal resistance occurring in the sintered particles 

in the evaporator. The theoretical results show that the pore size is non-uniformly 
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distributed in the wick due to the particle structure arrangements.   Liquid in the 

wick structures with larger pore sizes will recede and dry out first as the heat transfer 

rate increases. The model was used in the prediction of vapor chamber performance 

conducted by J. Chang etc. [63], as shown in Fig. 4.14. The chip contains three 

metallic heaters: a 10 × 12 mm heater in order to provide uniform heating, a 10 × 3 

mm heater in order to simulate a localized heating, and a 400 × 400 μm heater in 

order to simulate the hot spots on actual microprocessors.  In the experiment, the 

highest heat flux from the hotspot heater was approximately 690 W/cm2.  The 

comparison indicates that the theoretical results predicted by the current model 

(considering wick structures) are more consistent with experimental results than that 

by the previous models (without considering wick structures). The theoretical analysis 

will assist in optimizing the heat transfer performance of sintered wicks in heat pipes 

and result in a better understanding of mechanisms of heat transfer and fluid flow in 

the sintered particles. 
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Fig. 4.14. Schematic of vapor chamber[63] 

In order to predict the temperature drop occurring in the vapor chamber, the 

thermal resistances occurring in the evaporator and condenser must be determined.  

When heat is added on the evaporating section, heat is transferred from the heat pipe 
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shell through the wick saturated with the working fluid to the liquid-vapor-solid 

interface, where the thin film evaporation occurs.  The vapor flows from the 

evaporator through the adiabatic section to the condensing section, where the vapor 

condenses into the condensate and releases the latent heat.  The heat is transferred 

from the condensation film through the wicks saturated with the condensate to the 

heat pipe shell, where the heat is removed by the liquid cooling or forced convection 

of air flow.  During this heat transfer process, the thermal resistance in the wick 

plays an important role in determining the total temperature drop in the heat pipe, in 

particular, for a high heat flux application. 

When the heat transfer rate added on the heat pipe is increased, the mass flow rate 

of working fluid in the flow path increases, which directly results in the increase of 

the total pressure drop. In order to overcome the pressure drop, the driving pressure 

occurring in the wick must increase. The increase of the capillary pressure directly is 

related to the meniscus radius of liquid-vapor interface in the sintered wicks.  The 

capillary pressure occurring in the heat pipe can be expressed as: 

               1 12cap
e c

p
r r

σ
⎛ ⎞

Δ = −⎜
⎝ ⎠

⎟                      (4-30) 

Where re and rc are the meniscus radii at the liquid-vapor interface in the evaporator 

and condenser, respectively.  For the vapor chamber investigated herein, rc can be 

assumed to be equal to infinity. The capillary pressure in the heat pipe will only 

depend on the meniscus radius of the sintered wick in the evaporator.  As revealed in 

previous sections, if the wick consists of sintered particles with a uniform radius, the 
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possible arrangements formed in the wick are triangular, rectangular, and hexagonal 

structures. The percentage of each structure could be determined that the percentages 

for these three structures are 45%, 28%, and 27%, respectively. The minimum 

meniscus radii for these structures can be found as 0.103r, 0.273r and 0.654r, for the 

triangular, rectangular, and hexagonal structure, respectively.  

With the increase of input heat, liquid in these structures begin to recede for 

smaller meniscus radius. The fact is that there are many kinds of structures with 

different pore sizes in the wick. Hence when the input heat becomes large enough, the 

liquid in some structures cannot be held any more and recede to the wick structure 

with smaller pore sizes.  There are two factors determining the thermal resistance of 

the wick: one is the expanded liquid-vapor interface; another is the significantly 

decreased effective thickness of liquid.  Because the thermal resistance at the 

expanded liquid-vapor-solid interfaces due to the thin film evaporation is much 

smaller than the thermal resistance of wicks saturated with working fluid, the thermal 

resistance in the wick can be approximately determined by the effective thickness of 

wicks saturated with working fluid, i.e.,  

                    eff

eff

R
k
δ

=                                (4-31) 

where δeff is the effective thickness of wick saturated with working fluid depending on 

the heat flux level.  The effective thermal conductivity, keff, can be determined by: 

               ( )
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l s l s
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where ks and kl are the thermal conductivities of solid and liquid phases, respectively. 

The wick porosity, ε, in Eq. (4-32) is defined as the ratio of the pore volume Vpor to 

the total volume Vtot of wick structure.   

When the heat transfer rate added on the heat pipe is zero, the liquid level in the 

evaporator would not recede into the wick, the effective thickness of wick, δeff, is 

equal to the total thickness of the wick, δ, in the evaporator, as shown in Fig. 4.15(a).  

When the heat transfer rate added on the evaporator increases, the liquid level recedes 

into the wick to produce the meniscus radius and the capillary pressure to overcome 

the liquid pressure drop occurring in the flow path, i.e.,  

                      cap l v gp p p pΔ = Δ + Δ + Δ                   (4-33) 

The pumping head due to the capillary pressure, cappΔ , can be determined by Eq. 

(4-30).  The liquid pressure drop, lpΔ , is the result of the combined effect of both 

viscous and inertial forces.  If the flow rate in the wick is very small, the effect of 

inertial force can be neglected, and the pressure difference in the liquid phase is 

caused only by the frictional forces at the liquid-solid interface and the liquid-vapor 

interface due to the vapor flow effect.  The total liquid pressure drop can be 

determined by integrating the pressure gradient over the length of the flow passage, 

or, 

                    
0

( )
x

l
l

dpp x
dx

Δ = −∫ dx                         (4-34) 

where the limits of integration are from the evaporator end (x=0) to the condenser end 

(x=L), and dpl/dx is the gradient of the liquid pressure resulting from the frictional 
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forces from the solid wick, wall, and vapor flow at the liquid-vapor interface, which 

can be written as 

                        
.

l l
l

w l

dp m
dx KA

μ
ρ

⎛ ⎞
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                    (4-35) 

where  is the local mass flow rate in the wick, and K, the permeability for the 

sintered particles, can be expressed as: 

.

lm

                          
2 3

237.5(1 )
sdK ε

ε
=

−
                   (4-36) 

where ds is the average diameter of the sintered particles.  For uniform heat addition 

and rejection, Eq. (4-33) can be expressed as 
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l

w fg l
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                 (4-37) 

where 
.

l fgq m h=  and the effective heat pipe length can be found as 

                     0.5 0.5eff e a cL L L L= + +                  (4-38) 

If the heat pipe is charged with an appropriate amount of working fluid and the 

wetting point occurs at the cap end of condenser, the vapor pressure drop can be 

calculated by the approach recommended by Peterson [1] and Dunn and Ready [64] 

Based on the one-dimensional vapor flow approximation, the vapor pressure drop can 

be determined by 

                       2
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( Re )
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C f
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where C is the constant that depends on the Mach number defined by 

                   1/ 2( )v
v v fg v v v

qMa
A h R Tρ γ

=                    (4-40) 
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The ratio of specific heats, γv, in Eq. (4-40) depends on the molecule types, which is 

equal to 1.67, 1.4, and 1.33 for monatomic, diatomic, and polyatomic molecules, 

respectively.  Previous investigation summarized by Peterson [1] have demonstrated 

that the friction factor Reynolds number product, Revf v⋅ , and the constant, C, shown 

in Eq. (4-39) can be determined by 
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              (4-43) 

     Because the equations used to evaluate both the Reynolds number and the Mach 

number are functions of the heat transport capacity, it is first necessary to assume the 

conditions of the vapor flow, and an iterative procedure must be used to determine the 

vapor pressure. 

As the heat transfer rate increases, the meniscus radius decreases, which can be 

determined by Eqs. (4-30, 33, 37 and 39).  If the determined meniscus radius is 

between ∞ and 0.654r occurring in the wick, the receding of liquid level will occur in 

the relatively larger pores, i.e., in the hexagonal structure. When the heat transfer rate 

further increases, the wick structure with larger pores cannot hold liquid and the wick 

structure with larger pores such as hexagonal structures will dry out, as shown in Fig. 

4.15(b).   When this situation occurs, the thermal resistance in the wick will consist 
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of those occurring in the rectangular and triangular structures saturated with liquid 

because the vapor generated at the liquid-vapor interface can be easily escaped from 

the opened hexagonal structures shown in Fig. 4.15(b).  The thermal resistance can 

be expressed as 

                       ,eff

eff

R
K

δ +=                          (4-44) 

where δeff, +Δ is the effective thickness of the wick consisting of the rectangular and 

triangular structures saturated with liquid, which can be found by the percentages of 

the wick structures, i.e.: 

                          , 0.73effδ δ+ =                    (4-45) 

When the heat transfer rate added on the heat pipe continues to increase, the liquid 

level will recede into the wick within relatively smaller pores.  If the meniscus radius 

is smaller than 0.654r, which is corresponding to the situation shown in Fig. 4.15(b), 

the liquid-vapor interface will vary in those wicks with rectangular structures.  When 

the heat transfer rate is higher than that corresponding to the meniscus radius of 

0.273r, as shown in Fig. 4.15(c), the wick structure with the rectangular structures 

cannot hold the liquid and will dry out.  If this situation occurs, the thermal 

resistance in the wick will be primarily from the triangular structures saturated with 

liquid because the vapor generated at the liquid-vapor interface can be easily escaped 

from the opened hexagonal and rectangular structures shown in Fig. 4.15(c).  The 

thermal resistance can be expressed as 
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eff
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k
δ

=                          (4-46) 

where δeff,Δ is the effective thickness of the wick consisting of the triangular structures 

saturated with liquid, which can be found by the percentages of the wick structures, 

i.e.: 

                        , 0.45effδ δ=                        (4-47) 

  If the heat transfer rate added on the heat pipe further increases, the 

liquid-vapor interface will further recede and the meniscus radius becomes smaller 

and is between 0.273r and 0.103r, which is in the range of the pore size of the 

triangular structure. When the heat transfer rate is higher than that corresponding to 

the minimum meniscus radius of 0.103r, the whole heat pipe will dry out and reaches 

the capillary limitation.  

Clearly, the thermal resistance in the wicks in the evaporator is directly dependent 

on the heat transfer rate, which determines the meniscus radius variation and liquid 

distribution in the wick.  For a given heat transfer rate, the meniscus radius can be 

calculated, and the percentage of hexagonal, rectangular, and/or triangular structures 

in the wick saturated with liquid obtained. The effective thickness of wicks saturated 

with liquid can be determined and the temperature difference across the wick in the 

evaporator found. 

The calculation about the other parts of total thermal resistance would not be 

presented here.  The detail is in the reference [63].  Fig. 4.16 and 4.17 present the 

final comparison of experimental results and predictions.  And Fig. 4.17 clearly 
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shows that considering wick structures in the model would have a better prediction. 

(c) as the heat transfer rate is higher, pores held by hexagonal and rectangular structures dry 
out and only triangular structures saturated with liquid exist 

(a) wick structures saturated with liquid at a heat input of 0.0 W 

δ 

δ 

(b) as the heat transfer rate is high, larger pores held by hexagonal structures dry out and only rectangular and 

triangular structures saturated with liquid exist 

δeff,Δ 

δeff, +Δ 

δ 

 
Fig. 4.15 Schematic of wick structure and effective thickness 
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Fig. 4.16  Comparison of theoretical prediction and experimental results 

 

Fig. 4.17 Comparison of different model 
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4.4 Conclusions 

   A mathematical model predicting the minimum meniscus radius occurring in the 

sintered particles with different sizes is developed.  For uniform-size particles, the 

minimum meniscus radius is found equal to 0.443r.  When the sintered particles are 

mixed with different size, the minimum meniscus radius can be predicted 

by
( ) ( )
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c e gap gap
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.  The investigation conducted here 

can result in a better understanding of heat transfer mechanisms occurring in a 

high-heat-flux heat pipe.  Based on the statistical analysis of particle distribution, a 

theoretical model predicting the effective thickness of sintered wick structure is 

developed including the effect of the wick structure on its thermal resistance.  The 

model can be used to predict the heat flux effect on the thermal resistance occurring in 

the sintered particles in the evaporator. The theoretical results show that the pore size 

is non-uniformly distributed in the wick due to the particle structure arrangements.   

Liquid in the wick structures with larger pore sizes will recede and dry out first as the 

heat transfer rate increases. The comparison indicates that the theoretical results 

predicted by the current model are more consistent with experimental results than that 

by the previous models. The theoretical analysis will assist in optimizing the heat 

transfer performance of sintered wicks in heat pipes and result in a better 

understanding of mechanisms of heat transfer and fluid flow in the sintered particles. 

Moreover, because the charging process directly affects the heat transfer performance 
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occurring in a heat pipe, a theoretical analysis predicting the charging process is 

conducted.  The results provide a guideline for the charging process. 

 



CHAPTER 5 CONCLUSIONS 
  

A one dimensional theoretical model predicting oscillating motion in an OHP is 

presented, which is valid for both open-looped and close-looped OHP.  The model 

indicates that the oscillating motion of liquid slugs in OHP actually has the similarity 

with that of mass cubes linked by springs.  The vapor bubbles act as spring but have 

different stiffness definitely.  The expression of natural frequency of one OHP 

indicates that in addition to working liquid properties and filling ratio, the distribution 

of liquid plugs and vapor bubbles is also one very important parameter determining 

the system frequency.  However this kind of distribution is highly random, which 

depends on the charging process, working fluid, charging ratio, orientation, heat pipe 

dimensions, heat transfer rate, and boundary conditions. In other words, it is very hard 

to determine the distribution of the liquid plugs and vapor bubbles in an OHP.  

Relatively much more stable heat transfer performance of OHPs indicates that 

average characteristics of heat transfer and fluid flow in OHPs might be meaningful to 

the application.  The results show that in addition to the oscillating motion, the 

circulation exists in a closed-looped OHP (CLOHP).  In other words, the average 

motion of liquid slugs in the CLOHP would have a fixed flow direction.  And this 

kind of circulation is determined by the turn number or bubble numbers, and 

temperature drop between the evaporating and condensing sections.  It is also found 

that sensible heat takes a large percentage of the total heat as indicted in previous 

investigations, but it is not always that high.  Actually, the fraction of sensible heat 
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should have an upper limit which is determined by boundary conditions and input 

power.  With the evaporator temperature increasing, the fraction of sensible heat 

increases and reaches an upper limit.  And when the temperature continuously 

increases, the fraction goes down after it reaches the peak value.  Generally higher 

working temperature or higher input power, the fraction of sensible heat becomes 

bigger.  The effects of bubble numbers and gravity on the heat transfer performance 

of OHP are also studied. As the bubble number increases, the heat transfer 

performance of OHP increases,, but the system stability becomes  worse.  However, 

it canot be concluded that that with more bubbles the system is easy to startup.  the 

prediction also shows that the   gravity can enhance the heat transfer performance of 

an OHP. 

 Thin film evaporation, which occurs at the meniscus region of liquid-vapor 

interface, is the main heat transfer mechanism for the latent heat in an OHP.  When a 

liquid film is formed in a microgroove, liquid film can be divided into micro meniscus 

region, where thin film evaporation occurs, and bulk region where heat conduction is 

dominated.  For the bulk region, Galerkin method is employed to obtain the 

approximating solution.  The results showed that most of the heat transferred by the 

liquid-vapor interface is through the thin film region.  The effect of pulsating motion 

of liquid slugs on the heat transfer performance in a single phase flow was conducted, 

and found that the pulsating flow cannot enhance the convection heat transfer for a 

single phase flow. Because the pulsating flow and its coupled heat transfer occurring 
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in an OHP are much more complicated, the analysis conducted herein by using a 

single phase flow may not apply for the heat transfer and fluid flow phenomena 

occurring in an OHP. Clearly, it is necessary to conduct further investigation on this 

topic.  

 The vacuuming and charging process for a heat pipe was studied.  A detailed 

model predicting the effects of charging tubing’s diameter and length, initial 

non-condensable gas, and heat transfer condition from the heat pipe is developed. The 

model can help to select charging tubing with proper geometry, and determine the 

appropriate vacuuming procedure for a mass production of heat pipes.  A 

mathematical model predicting the minimum meniscus radius occurring in the 

sintered particles with different sizes is developed.  For uniform-size particles, the 

minimum meniscus radius is found equal to 0.443r.  When the sintered particles are 

mixed with different size, the minimum meniscus radius can be predicted 

by
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.  The investigation conducted here 

can result in a better understanding of heat transfer mechanisms occurring in a 

high-heat-flux heat pipe.  Based on the statistical analysis of particle distribution, a 

theoretical model predicting the effective thickness of sintered wick structure is 

developed including the effect of the wick structure on its thermal resistance.  The 

model can be used to predict the heat flux effect on the thermal resistance occurring in 

the sintered particles in the evaporator. The theoretical results show that the pore size 

is non-uniformly distributed in the wick due to the particle structure arrangements.   
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Liquid in the wick structures with larger pore sizes will recede and dry out first as the 

heat transfer rate increases. The comparison indicates that the theoretical results 

predicted by the current model are more consistent with experimental results than that 

by the previous models. The theoretical analysis will assist in optimizing the heat 

transfer performance of sintered wicks in heat pipes and result in a better 

understanding of mechanisms of heat transfer and fluid flow in the sintered particles.  
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